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Pump Research and Development Review

The 1997 Summer Meeting of the Fluids Engineering Divi-
sion was the venue for the 3rd International Pumping Machinery
Symposium. This symposium brings together engineers and re-
searchers working mainly in the area of rotodynamic pumps
every four years. Most workers in the field have experienced
the challenges of new trends that are refocusing their efforts.
These trends were addressed by invited speakers from the three
major areas of the world that are involved heavily in the pump
industry and the R&D that supports it, namely Japan, Europe,
and the United States. Each addressed the topic, ‘‘Pump Re-
search and Development— Past, Present, and Future.”’ Each has
a different perspective, which when taken together with the
others forms an integrated whole that can benefit all who are
associated with the pump industry. These three contributions
were submitted to the Journal of Fluids Engineering, reviewed
and now appear in the first few pages of this issue.

All three of these authors agree that the emphasis has changed
from concentration simply on maximizing the performance and
related design features to addressing how reliability, low main-
tenance and long life can be achieved at the same time. The
commitment to technological improvements remains but in the
context of these customer-oriented drivers.

Ohashi and Tsujimoto, in presenting the Japanese perspec-
tive, focus on three major socio-industrial stages that have oc-

Journal of Fluids Engineering

Copyright © 1999 by ASME

curred since 1955; namely expansion, conversion to a broader
product emphasis, and globalization. These have steered pump
R&D into the new direction mentioned. Impressive statistics
are presented to illustrate this development. Hergt, by giving
examples of three types of pumping machinery, illustrates how
this change in direction is occurring in Europe. In addition to
economies obtained for small pumps through better efficiency,
he sees large pump technology leading to even larger machines,
Gopalakrishnan sees the same shift in emphasis and insists that
the basic given assumed by all customers is guaranteed and
improved performance. He illustrates how this has been and
can be done in the future through an in-depth review of the
three technical areas of hydraulics, vibrations, and innovations
in pump design.

These three contributions afford valuable insights for pump
engineers, showing how future R&D efforts can be best attuned
to recent developments vis-a-vis the environment, the changing
economic landscape, and the new demands of present and future
pump users and applications.

Paul Cooper

Ingersoll-Dresser Pump Company,
942 Memorial Parkway,
Phillipsburg, NJ 08865
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A TRIBUTE TO HOWARD WILSON EMMONS
1912-1998

One of the seven wonders of the world. A human slide
rule.—Einstein’s rival! Our eminent mathematician. He
has made a name for himself in M.H.S. and will become
famous some day. Look us up then, and tell us to what
you attribute your success.

It is perhaps unfair to quote his Morristown, N.J. high school
yearbook, but it clearly foreshadowed that Howard Emmons would
accomplish a great deal in the following years. He graduated from
Stevens Institute with a B.S. in Mechanical Engineering in 1933
and an M.S. in 1935, and then went on to Harvard, where he
received a D.Sc. in 1938. Two years with Westinghouse, working
on steam turbines and a year as associate professor at the Univer-
sity of Pennsylvania preceded his return to Harvard, which became
the base for his professional life up to his death in November 1998,
at age 86.

As it turned out, Howard Emmons significantly influenced sev-
eral fields, most of them connected in one way or another with
fluid mechanics and thermal phenomena, starting with his doctor-
ate studies on drop condensation.

Numerical solution of fluid flows and heat conduction, including
problems in shock waves and compressible boundary layers im-
mediately followed, described in several publications beginning in
1941, He advised N.A.C.A. on the design of its first supersonic
wind tunnel. It seems that at this time he developed the relaxation
technique, apparently independently of Southwell. This extended
into the numerical study of transition to turbulence in the mid-
1940s.

This problem of transition to turbulence intrigued him, and in
that context he is recognized as the first to describe the phenom-
enon known as the Emmons, or turbulent, spot. His detection of the
“spot” was illustrative of the simplicity of some of his experi-
ments. A thin layer of water flowed down a slightly inclined glass
plate several feet in length and width, to be viewed or photo-
graphed either from above or below. At some Reynolds number,
the clear laminar sheet would develop visibly rough patches that
drifted and grew slowly downstream, a landmark observation
leading to the recognition of the development and significance of
large scale structures in turbulence.

But much of his research involved complex apparatus, major
financial support, and a multi-person research team. For example,
the studies of gas turbine compressor stall, supported by Pratt and
Whitney, involved many Ph.D students, and led to the discovery of
compressor stall, a major gas turbine problem, and evolution of hot
wires concepts and applications.

It was interest in plasmas and fires that came to be his principal
concern for forty years, and led to his being internationally rec-
ognized as “Mr. Fire Research,” the initiator of scientific fire study,
and the most significant contributor to that complex, and societally
important subject. He argued before Congress for a Fire Research
and Safety Act, which was adopted in 1968.

One in particular of the many experimental studies he and his
colleagues devised will never be forgotten by any who witnessed
the “fire whirl.” A small cup of burning acetone with a flame a few
inches high is at the bottom center of a wire cage seven feet in
diameter rotating slowly a few times a minute. The flame with a
roaring sound suddenly jumps to ten feet high, a spectacular
demonstration of sudden transition in fuel/air mixing and radiant
evaporation of fuel.

234 / Vol. 121, JUNE 1999

Paul Fitzgerald recalls the story of Howard’s first association
with Factory Mutual, Fitzgerald’s insurance firm, back about 1960:

Howard walked into a meeting of the Factory Mutual
Joint Affair Committee, an executive board consisting of
seven insurance company CEOs and the General Man-
ager of Factory Mutual, and told them that they should
invest in fundamental fire research—something none of
their competitors were spending a dime on at that time.
Not many people, let alone an engineering professor,
were likely to have swayed that group. But Howard
persuaded them to think “out of the box” and convinced
them of its value. And fortunately, they accepted his
recommendation. Howard went on to become the Scien-
tific Advisor to our basic research program.

Complex investigations followed, such as studies of fire prop-
agation under various circumstances of ignition and propagation of
fires in buildings. These led to revisions of flammability rating
techniques for combustible materials, development of new sprin-
kler concepts, and ultimately the development of the “Harvard
Computer Fire Code,” which predicts the growth of fire in build-
ings and remains a useful tool today.

Professor Emmons’s involvement in engineering and scientific
organizations was extensive. He was a member of both the Na-
tional Academy of Sciences and the National Academy of Engi-
neering. He served on many committees and panels within the
Government, and was extensively involved in the American Phys-
ical Society, the Combustion Institute, and The American Society
of Mechanical Engineers. Within ASME he was:

Chairman, Applied Mechanics Division, 1943
Chairman, Fluids Engr., 1960

Chairman, Policy Board, Basic Engr., 1967-70
Chairman, Com. on Tech. Affairs, 1967-70

Vice President, Exec. Com. of Council, 1967-70
Recipient of the Timoshenko Medal, 1971

Made Honorary Member, 1978, ASME’s highest honor

Professor Emmons’s legacy to society goes beyond his teaching
and research, and the 51 Ph.D.s of whom many went on to
distinguished careers in engineering and science. He was a mem-
ber of advisory committees established by the Mayor of Boston
and the Governor of Massachusetts., He was a selectman for his
home town, Sudbury, and a very constructive Chairman of the
Lincoln-Sudbury School Committee for twenty years.

Paul Croce, Vice President and Manager of Research for Liberty
Mutual, with which Professor Emmons coordinated much of his
fire research, notes most aptly:

He looked at the world as a place where he could solve
problems and make it a better place, whether through
science, education, government service or everyday life,
never stopping, always looking onward to the next chal-
lenge, the next problem he could solve and always
reaching beyond what others thought to be the limit.

Richard I. Land
Lloyd M. Trefethen

Transactions of the ASME
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Steady and Unsteady Computations of Turbu-
lent Flows Induced by a 4/45 Degree Pitched-
Blade Impeller’

Marcus W. A, Hoefken.” The authors are the first to present
an extensive study on the influence of the calculation method,
namely steady versus unsteady computations, on the accuracy of
the computational results for a Pitched-Blade Turbine (PBT) in
turbulent operation. They validated their results with experimental
data published by Schaefer et al. (1998), which are known to be the
most complete and accurate data base for the validation of CFD-
simulations on PBTs to date. All computational results were in
excellent agreement with the experimental data, Even the turbulent
predictions, which normally represent a major problem, showed no
significant deviations. For this reason, the work presented in this
paper is of great value to industry, because up to now properly
verified and thoroughly validated computational fluid dynamic
codes. and processes were very rare. Now, one can use this vali-
dated code for optimizations of the impeller/reactor configuration
by changing the location of the impeller, the number of baffles etc.
and still achieve results of excellent accuracy.

In many of the earlier papers (see text) the influence of the
impeller was represented by boundary conditions around the im-
peller derived from experimental data, neglecting the most impor-
tant region of the reactor, which is the region in and around the
impeller. Such computations cannot be used for any kind of
optimizations of the impeller, since the geometry of the impeller is
not represented properly. In the computations of the present paper,
a clicking grid method was used to accurately simulate the mo-
mentum caused by the impeller rotation. Due to the clicking grid
method and the reliability of the results, the authors offer for the
first time a code which could be used for the optimizations of
impeller geometries. This is of great importance to industry since
it could help to optimize not only impellers but also reactor designs
and chemical processes.

The authors have shown that steady computations satisfy accu-
racy requirements, thus reducing the computational time and the
parallelization of the code allows for the use of clusters of standard
PCs as well as supercomputers for such computations. It can be
envisaged that such methods will find their way into industry
within the next few years and will become a very useful tool for
the layout and design of chemical reactors.

' By K. Wechsler, M. Breuer, and F. Durst, published in this issue pp. 318329,
? Managing Director, INVENT Umwelt-Und Verfahrenstechnik GmbH&Co. KG,
Am Weichselgarten 36, D-91058, Germany.
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Predictable Model for Characteristics of One-
Dimensional Solid-Gas-Liquid Three-Phase
Mixtures Flow Along a Vertical Pipeline with
an Abrupt Enlargement in Diameter’

Kouji Takatani.” The authors analyzed the flow characteris-
tics of solid-gas-liquid three-phase mixtures flowing upward in a
vertical pipe with a sudden expansion in diameter. In order to do
so, they modified the numerical procedure of their own theoretical
model (Hatta et al., 1998) capable of predicting multi-phase flow
field in steady-state. They built up the system of governing equa-
tions based on a quasi-one-dimensional multi-fluid model, taking
into account the transitions of gas flow pattern, interaction between
different phases and external forces. Therefore, their model is
theoretically rigorous compared with another model based on the
simple momentum conservation law (Yoshinaga et al., 1996). The
predictions obtained by the present model agree reasonably well
with experimental data. Accordingly, the present model is suitable
to predict the performance of an air-lift pump system for convey-
ing solid particles.

The authors represented numerically, as well as experimentally,
that an abrupt expansion of pipe diameter contributes an improve-
ment of pump-efficiency. The reduction of volumetric fraction for
gas-phase is effective to control the gas flow pattern due to the
abrupt expansion of pipe. This finding is very practical for design-
ing a high-performance air-lift pump system in particular, a very
large-scale air-lift system.

The authors also provide fundamental information concerning
the motion of solid particles in a vertical pipe from a photographic
viewpoint. The moving processes of solid particles in gas-slug as
well as liquid were shown under several flow conditions by means
of high-speed video camera. Their experimental data are very
useful to physically understand the flow field of three-phase mix-
tures.

References

Hatta, N., Fujimoto, H., Isobe, M., and Kang, J. S., 1998, “Theoretical Analysis of
Flow Characteristics of Multiphase Mixtures in a Vertical Pipe,” International Jour-
nal of Multiphase Flow, Vol. 24, pp. 539-561.

Yoshinaga, T., and Sato, Y., 1996, “Performance of an Air-Lift Pump for Con-
veying Coarse Particles,” International Journal of Multiphase Flow, Vol. 22, pp.
223-238.

!By N. Hatta, M. Omodaka, F. Nakajima, T. Takatsu, H. Fujimoto, and H.
Takuda, published in this issue pp. 330-342.

2 Deputy Chief, Department of Fundamental Technology, Corporate Research
and Development Laboratories, Sumitomo Metal Industries, Ltd., 16-1 Sunayamna,
Hasaki-machi, Kashima-gun, Ibaraki-ken 314-0255, Japan.
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Pump Research and
Development: Past, Present,
and Future—An American
Perspective

Pump research and development efforts are primarily driven by the needs of the
customer. Today, these needs are centered around cost and reliability issues with
the understanding that certain threshold levels of performance are achieved. As
centrifugal pumps have reached high levels of maturity in most industrial applications,
we can anticipate, that in the future, customer expectations will change subtly but
significantly. They will demand continuously reducing costs with the understanding
that reliability and technology needs will be satisfied. This would lead to a strong
emphasis on consistent predictability of performance in the field and to less of a
focus on innovations in design. R&D efforts in the past were intended to streich the
envelope to produce better hydraulic performance, to improve mean-time-between-
failures, and to operate at higher speeds. In contrast, R&D efforts in the future
would be aimed towards cost reduction, accurate hydraulic guarantees, and flawless
performance in the field. In this paper, the R&D efforts of the past, present, and
future are discussed in terms of three core competencies, which are essential for
today’s pump manufacturer. These are hydraulics (with an emphasis on improving
predictability of performance and improving impeller life), vibrations (with a view
to providing cost effective problem solving/avoidance capability ), and pump designs

S. Gopalakrishnan

Flowserve Corporation,
Vernon, CA 90058
g-mail: sgopalakrishnan@flowserve.cam

which capitalize on improved understanding of the underlying technologies.

Introduction

Significant advances are being steadily made in the under-
standing of key technical phenomena relating to centrifugal
pumps. These advances are in those disciplines which constitute
the core competencies that are required to be in the business of
offering pumps to the users in power, petroleum, water supply
or similar industries. In this paper, these advances are viewed
from the perspective of a pump manufacturer supplying to a
world-wide customer base. Although the business is rapidly
becoming global, the author’s experience is primarily with
American customers and hence the paper probably represents
an American perspective. Today, the primary requirements of
the end-user, at least in the industries mentioned earlier, relate
to cost and reliability. This is not to imply that the technical
performance is of low priority, but only that a certain level of
technical performance has to be met before a pump can be
treated as an acceptable offering. Once this minimum hurdle is
met, issues of cost and reliability become the judging factors
in the final choice. Thus, in this paper, only those R&D efforts
which are deemed to contribute to the key customer issues of
cost and reliability are discussed. In the author’s opinion, these
issues can be broadly divided into three categories—hydraulics
(including cavitation), vibrations, and pump design. These
three categories are discussed in terms of past R&D efforts, the
state-of-the-technology today, and the author’s opinion of what
is likely in the near future.

Hydraulics

No other field of pump technology has shown more dramatic
advances than pump hydraulics. State-of-the-art calculation

Contributed by the Fluids Engineering Division for publication in the JOURNAL
OF FLUIDS ENGINEERING . Manuscript received by the Fluids Engineering Division
September 8, 1998; revised manuscript received December 21, 1998. Guest Editor:
P. Cooper.
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techniques of ten years ago appear archaic today. While obsoles-
cence at this pace is not at all uncommon in certain fields, e.g.
electronic communications, progress in pump technology has
been slow in general. However, in hydraulics, calculation capa-
bilities have increased dramatically primarily because of inex-
pensive access to high speed computers with tremendous num-
ber-crunching capability. Today, it is possible to predict the
complete head-flow curve of a pump given the full geometric
information of the impeller and the stationary diffusing passage.

Figure 1 shows the results of an eariy attempt at this predic-
tion (Gopalakrishnan, 1981). In this method, the basic flow
field in the impeller is calculated using a meridional plane
method developed at NASA (Katsanis, 1964). A quasi-orthogo-
nal net is made to cover the meridional plane, and the flow
equation is solved along the quasi-orthogonal. Since no viscous
terms were included, the resulting solution exhibits no losses.
In order to predict the actual head developed for any given flow,
assumptions have to be made not only for the losses but also
for the slip that occurs in the flow of a fluid that has viscosity.
The slip factor and losses were calculated using empirical coef-
ficients. These coefficients were deduced through elaborate back
calculations from known test data for a class of vertical pumps.

In contrast to this work, what can be done today is truly a
significant leap. Very accurate predictions of flow field within
an impeller are now possible for a wide range of geometries
and specific speeds. Gopalakrishnan, et al, (1995) contains a
description of the prediction capability for a high specific speed
mixed flow impeller. The numerical flow field calculation of
the mixed flow impeller was performed by using a commercially
available Computational Fluid Dynamics (CFD) code known
as TASClow. TASCflow solves the Reynolds Stress Averaged
Navier-Stokes equations, and is applicable to incompressible
and compressible (subsonic, transonic, and supersonic) flows.
The effects of turbulence are modeled by the standard k- turbu-
lence model, and log-law wall functions are used to simulate the

JUNE 1999, Vol. 121 / 237
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Fig. 1 Comparison between measured and calculated performance of
a mixed flow pump (from Gopalakrishnan, 1981)

boundary layers. The code is a general-purpose CFD program,
however, it is especially well adapted for calculation of rotating
machinery flows for its inclusion of the Coriolis acceleration
terms and added schemes to better cope with convergence prob-
lems that could arise from large grid aspect ratios (at the leading
edge of the blade and high-curvature surfaces). It utilizes non-
orthogonal, boundary fitted, structural grid, and has several fea-
tures such as multi-blocking and grid-embedding to further en-
hance modeling complex features. The code employs an ele-
ment-based finite volume method, and is a pressure based (as
opposed to density based, time marching) code. The computa-
tional domain used for generating the results contained 116,000
nodes.

Figure 2 shows the comparison between prediction and mea-
surement at the trailing edge. Since the measuring instrument
used was a fixed traversing probe, what the probe measured
was a circumferential average of the velocity field. The CFD
calculations at each radial location was mass averaged for com-
parison purposes. It can be seen that the agreement is very good
indeed for a wide range of flow from 53 to 120 percent of best
efficiency point (BEP) flow. This comparison shows that it is
no longer necessary to use a slip factor correlation or even to
specifically invoke a Kutta condition to define vane circulation.
Figure 3 shows the meridional velocity and relative flow angle
comparison showing once again a very satisfactory correlation.

Head Coefficient, H/UA2/2g

0.00 0.20 040 0.60

Radial Position, r/rt
Fig. 2 Comparison between measured and calculated impeller dis-

charge head coefficient—CFD calculations; A 53 percent Qpgp; ® 74
percent; ¢ 100 percent; B 120 percent (from Gopalakrishnan et al., 1995)
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It must be pointed out that the quality of predictions shown
in Figs. 2 and 3 can be achieved without having to use a full
3D viscous code. Graf (1993 ) shows that quasi-3D non-viscous
calculations can provide enough accuracy to be useful at the
design stage.

The key advantage of CFD is that it holds the promise for
predicting the H-Q curve and efficiency without using empiri-
cally derived coefficients. While there is nothing wrong with
using empirical coefficients from a pump designer’s point of
view, it must be remembered that progress to improved designs
is not possible if the technology is based on past practice. Goto
(1997) contains a comparison between calculation and mea-
surement for the H-Q and efficiency of a mixed flow impeller
stage. The authors used a Baldwin-Lomax turbulence model in
the stage version of Dawes CFD Code. To make comparisons
possible for the measured pump head and flow downstream of
the diffuser, certain losses had to be calculated separately. These
included leakage, disk friction, and mechanical losses. As
shown in Fig. 4, the trend for power is very well predicted. The
performance at design point is somewhat over predicted. Results
at high flows show high deviations between calculations and
measurements.

The results of Gopalakrishnan et al. (1995) and Goto (1997)
are for individual pumps and there is a concern whether the
CFD analysis would provide good results for a range of pump
specific speeds. Giilich and Favre (1997) contains a thorough
analysis of the validity of CFD technique. Thirty impellers rang-
ing in specific speed from 12 to 160 metric (620 to 8000 in
U.S. units) were analyzed and tested for head and efficiency.
The analysis was conducted using a commercially available
CFD code using a standard k-& model. The authors found that
the theoretical head could be predicted with a standard deviation
of +2.5 percent. The evaluation of losses need further improve-
ment and should include the effect of impeller outlet flow distri-
bution on volute or diffuser performance.

The ability to analyze the flow field inside pump stages using
CFD has led to advanced pump designs. In Valenti (1996),
examples are cited where vendors have improved pump effi-
ciency (by as much as 5 to 10 points), improved impeller life
(from six months to four years or more), reduced noise, and
developed monotonic H-Q curves even at high specific speed.
CFD capability has also speeded up the design process as it
reduces the number of time-consuming model tests that are
sometimes required.

While CFD holds promise of becoming a useful tool for
pump design, it must be noted that a major unknown in fluid
dynamics today is a realistic model for turbulence. This may
take years of fundamental work. It appears that for the foresee-
able future, pump designers will use some of the existing turbu-
lence models and calibrate their CFD results against test data
thereby introducing some empiricism into their analysis. This
will remain necessary as in the pump business, the penalty for
failure to meet performance guarantees is severe indeed.

Another future need is more user friendly mesh generation
software that can use the designer’s CAD files directly. Much
progress is being made in this direction, and it is reasonable to
forecast that the cycle time for a CFD analysis on a new design
can be reduced from the present seven days to about a day or
two.

Another area in hydraulics where significant progress has
been made is in cavitation. The key practical requirement in
this area is to determine the NPSH required under.any given
flow and speed conditions to prevent cavitation damage and
vibration consequences. Early attempts have been almost en-
tirely empirical. Recognizing that the damage rate is propor-
tional to some exponent of the bubble length, correlations were
developed with this as a key parameter. The EPRI sponsored
work in boiler feed pumps led to important publications in this
field (Giilich, 1989). While it was recognized that damage rate
was affected by a number of factors including details of vane
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Fig. 3 Comparison between measured and calculated impeller discharge velocity parameters (from Gopalakrishnan et al.,

1995)

geometry, it was found that a usable correlation could be de-
duced with cavitation bubble length as the primary independent
variable. This correlation is of the form

dE

OCL2'83

5 (1)

Here dE/dt is erosion rate and L is cavity bubble length.
Although, it may be risky to project a useful impeller life on
an absolute basis from this correlation, it is very reasonable to
project a change in impeller life when the geometry is changed
to yield a different bubble length, all other factors remaining
the same. An example of this approach may be found in Ferman
et al. (1997). Here the first stage of a large two stage boiler

Journal of Fluids Engineering

feed pump was suffering cavitation damage in an unacceptably
short time of about 10,000 hours. It was required to increase
the life to about 80,000 hours. This meant that with the 2.83
exponent, the bubble length had to be reduced by a factor of 2.0.
Ferman et al. (1997) describes the methodology and verification
used to generate the new impeller.

Continuing improvements in understanding of cavitation phe-
nomena have led to practical benefits. On the one hand, pump
vendors are able to better specify the NPSH characteristics of
their pumps both in terms of the NPSH required and in terms
of the acceptable operating range. On the other hand, pump
vendors are better able to design the impellers to provide accept-
able cavitation characteristics. Both of these enhancements are
described below.
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To calculate the required NPSH to avoid damage, a method
using the findings of Gopalakrishnan (1993) start with a ratio
Ry.; defined as:

_Taf— Taw

Ris= (2)

Ti — Tag
where 7 is NPSH nondimensionalized through dividing by
U?/2g with U, being eye velocity of the impeller and g the
acceleration due to gravity. The subscripts d - frefers to damage-
free condition, i the inception and 3 percent, the condition at
which pump head has decreased by 3 percent due to cavitation.
It is shown in Gopalakrishnan (1993) that after representing
bubble length as a function of R, where

Ta — Tag
R, = A% 3)
Ti = T3%
with subscript A representing available conditions,
Ryl (4)

with exponent b being approximately 2.0. In order to use this
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Fig. 5 Cauvitation inception prediction {(from Gopalakrishnan, 1985)
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Table 1

Feature

Benefit

a) Elliptical noses on blades

b) Blade camber angle matched
to analyzed flow

c) Biased-Wedge blade
thickness development

d) Biased-Wedge blade designed
to avoid increase of NPSHR
due to loss of effective area
between blades

e) Concave blade leading edge,
blended forward into hub

Local pressure-drop spike
minimized

Cavity reduced or eliminated
at BEP

Widens range of cavity-free
flow rate

Maintains NPSHR of
conventional impeller
designs

Removes hub-fillet
cavitation and damage

expression for predicting damage-free NPSH, it is necessary to
establish 734 and 7; for a given impeller. The latter can be
calculated from a potential flow analysis with the assumption
of thermodynamic equilibrium i.e. bubbles form as soon as local
pressure reaches vapor pressure corresponding to the upstream
temperature. This analysis can be made with very simple com-
puter programs. In Gopalakrishnan (1985), a two-dimensional
method based on solving a set of singularity equations provided
good agreement with test data for inception as shown in Fig.
5. The value for 754 is best obtained from NPSH tests on the
pump. Thus it is possible to estimate NPSH required to avoid
damage for given eye geometry and operating conditions.

The second aspect of the improved understanding of cavita-
tion is the development of cavitation avoidance features. Slote-
man et al. (1991) contains a detailed analysis of this phenome-
non and Table 1 reproduced from this reference summarizes
the geometrical features that reduce cavitation activity.

A representative blade design containing these features is
shown in Fig. 6. It can be seen that blading that would result
in improved cavitation characteristics call for a more demanding
and precise design approach than has been utilized in the past.

Determination of cavitation bubble length today requires a
flow visualization testing capability. Such testing is generally
very expensive and therefore, the need for a good calculation
technique is strong. A very promising attempt in this direction
is shown in Hirschi et al. (1997). In this method, the single
phase flow is first computed by assuming a free surface bound-
ary which confines the cavitation activity. The free surface is
then iteratively altered to maintain a constant relative pressure.
Figure 7 shows a typical result for the shroud streamline of a
centrifugal pump impeller. The flattening of the C, curve on
the suction surface from the leading edge shows the extent of
the cavitation bubble. Figure 8 shows the comparison between
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Fig. 6 Cavitation avoidance features (from Sloteman et al., 1991)
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Fig. 7 Effect of cavitation on surface pressure distribution; — without
cavitation; -- - with cavitation (from Hirschi et al., 1997)

calculated and measured bubble length at design point for sev-
eral suction pressures. The overall agreement is excellent.

It is not believed that in the near future it would be possible
to calculate damage rate from first principles. Bubble length
calculation capability will certainly improve and combined with
approaches as in Giilich (1989), Gopalakrishnan (1993), and
Sloteman et al. (1991) confident predictions will be made of
impeller life and advanced designs with reduced susceptibility
to cavitation will emerge.

Vibrations

One of the key symptoms which accompany a potentially
drastic reduction in pump life is excessive vibrations. In general,
the measured vibrations on a pump arise as a consequence of
operation close to a resonance or of the presence of high exciting
forces. In this section, we will deal with these two issues from
the perspective of recent advances that have the potential to
improve pump reliability.

Resonance. Resonance related problems can occur if the
operating speed and some of its harmonics (particularly the
vane passing ) coincide with the natural frequency of a stationary
part (e.g., bearing housing) or coincide with that of the rotating
system. The former occurs much more frequently in practical

ol VR_M(-}:\

0 2 “ . |

~
L 2 )4
lex./Pﬂ w I

Fig. 8 Calculation of cavitation bubble length —— hub; --- shroud; ©
measurements (from Hirschi et al., 1997)
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Fig. 9 Measured structural mode shape of a high energy feed pump
(from Gopalakrishnan, 1996)

installations, and fortunately very good techniques are now
available to resolve such problems. A key tool in this arsenal
is experimental modal analysis to directly measure the natural
frequency of the stationary component at the pump installation.
In this analysis, the pump structure is excited at one or more
locations ( generally in three mutually perpendicular directions),
and the response is measured at many locations. The excitation
and measurement locations are input into modal analysis soft-
ware which constructs a wire frame model. Then the normalized
response at one location due to one excitation is plotted as a
function of frequency, generating the so-called frequency re-
sponse function (FRF). In a typical case, 200 to 300 FRFs may
be generated. These are curve fitted and solutions are developed
for eigen values, mode shapes and damping ratios. The results
can thus be exhibited as an animation of the structure at each
eigen value. Figure 9 taken from Gopalakrishnan (1996) shows
the displaced shape of the wire frame at one instant of time
during the animation. The animation clearly shows the structure
that is resonant and the analyst can come up with modifications
to the structure to move the resonance to a safe frequency.

Stractural resonance calculations can also be effectively made
with commercially available finite element analysis programs.
However, certain assumptions regarding bolt and foundation
stiffnesses have to be made. Thus direct calculations do not
always give accurate results for a given installation. At this
time, it is safer to ‘‘calibrate’’ the analysis for the baseline
installation and compute the change in frequency due to a pro-
posed structural modification.

Another type of resonance that can occur in pumps and pump-
ing systems is when the natural frequency for the formation of
a standing acoustic wave in a pipe coincides with an exciting
force frequency. This typically occurs at vane passing frequen-
cies and can generate pressure pulsations strong enough to break
small bore piping and cause high structural vibrations leading
to premature bearing and seal failure. It is possible to calculate
standing wave natural frequencies by using finite element mod-
eling. Figure 10 shows the results of such a calculation for a
large two stage reactor feed pump, when the internal cross-over
piping from the first to the second stage acoustically resonated
with the vane passing force.

JUNE 1999, Vol. 121 / 241
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Fig. 10 Pressure plot at acoustic resonance in the long cross-over of a
two-stage reactor feed pump

Although, as mentioned before, rotor critical speeds are prob-
lems only infrequently, much research has been done in this
area. In the early 80s, it was understood that pump rotor dynam-
ics is fundamentally affected by the presence of liquid in the
close clearance running fits of the rotating element in the station-
ary casing. The general rotor dynamic equation for a two degree
of freedom system is:

F, Ky ky [1y Cu Cylly
Mxx Mxy ] [: X"“]
+ N ERE))
[ M, M, y
where

F is the applied force,

k is the dynamic stiffness

C is the dynamic damping

M is the hydrodynamic mass
x, y are the two displacements
X, y are the two velocities and
X, ¥ are the two accelerations

In the calculations of Gopalakrishnan (1982), only the direct
stiffness term was used. It was found that the %,, term arising
out of the Lomakin effect in wear rings, center-stage pieces,
balance sleeves, etc. is very strong and increases as a square of
the operating speed. It could be shown that for most practical
multistage pump executions, critical speed is totally suppressed.

Later research began to show that it is optimistic to suppose
that pumps do not exhibit a critical speed. Experimental and
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Fig. 11 Critical speed calculation results based on improved modeling
assumptions
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Fig. 12 Maximum and minimum radial force at synchronous frequency
for a number of similar pumps (from Verhoeven, 1988)

analytical work were pursued (notably Childs and Moyer
(1985)) and estimates for all the terms in the 2 X 2 dynamic
matrices became available. At the same time, it was also recog-
nized that motion dependent interaction forces occur in the gaps
between the impeller tip and the inlet of the stationary diffusing
passage be it volute or diffuser (Jery, et al. (1985)). Also
similar forces were shown to arise in the space between the
impeller shroud and the stationary casing side walls (Guinzburg,
1992), this force being fairly strong for low specific speed
impellers. Very recently it has been demonstrated (Feng et al.,
1992) that it is not adequate to consider the dynamic interaction
in running fits to be a 2 X 2 matrix. Angular motion of the
shaft through the clearance rings (particularly the long rings
like the balance sleeve and center stage piece) is important, and
thus the dynamics has to be represented by a 4 X 4 matrix,
which includes the direct and cross-coupled moment coeffi-
cients.

The effect of such an evolution can best be seen by reviewing
the eigen modes calculated for the same pump using the model-
ing assumptions of the past decade. Figure 11 shows the results
for a seven stage boiler feed pump (impeller diameter = 13.0
in.) with a nominal operating speed of 5082 rpm (84.4 Hz). In
the 1970s when calculations were made without fluid effects,
the first bending mode occurred at 28 Hz well below operating
speed and the log decrement was 0 indicating that operation
of the pump near this speed would be catastrophic. In 1984,
calculations included wear ring and balance sleeve coefficients,
without however any fluid inertia effects. Now the first bending
mode is moved well beyond operating speed. (As pointed out
before, if the direct stiffness only is included, the critical speed
becomes infinite, i.e., is suppressed.) By 1987, volute/impeller
interaction effects were included, and this reduced the first criti-
cal speed somewhat. The first calculation of 1995 uses a 2 X
2 matrix and the coefficients are computed with state-of-the-art
numerical solutions for the fluid dynamic equation including
the k-e turbulence modeling. Now the critical speed drops just
below operating speed. Fortunately, the calculations show a
logarithmic decrement value in excess of five indicating a stable
motion. The second calculation of 1995 uses a full 4X 4 matrix.
Now the critical speed is above the operating speed still with
a healthy decrement in excess of 4.0.

Table 2

Mechanical Unbalance (G 2.5)
Hydraulic Unbalance (ky = .015)
Vane Passing (ky = 0.025)
Rotating Stall, etc. (ky = .01)

14.5 b at 1+ N frequency
74 1b at 1+ N frequency
1233 Ib at Z- N frequency
49 1b at low frequency
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The second eigen mode shown is the inboard conical mode Modes 3, 4, and 5 are all higher order bending modes and they

arising due to the coupling mass overhanging from the bearing.  are affected by fluid modeling. From this analysis, it can be seen
As this mode is unaffected by fluid effects, it remains at substan-  that the technology for computing critical speeds has become very
tially the same frequency for all calculations. complex and it will continue to remain so in the foreseeable future.
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Fig. 14 Multistage feed pump with magnetic bearings (from Hanson, 1996)

Another development is this area is the calculation of re-
sponse to excitation forces as it is now being understood that
adequate separation margin between critical and operating fre-
quencies may not assure a smooth running pump (Pace et al.,
1986). Therefore, much effort is being exerted for estimating
the excitation forces, as will be discussed subsequently.

A major problem today in this field is that, although accurate
calculation techniques are available to solve the rotor dynamic
equations, the coefficients themselves cannot be reliably pre-
dicted. Large quantity of experimental and analytical data are
available, but for practical applications, confidence is still lack-
ing. This situation is particularly true for the hydrodynamic
mass terms and for the volute/diffuser-impeller interaction co-
efficients.

In the absence of reliable predictive capability, once again
the rotor dynamic model has to be calibrated against test data.
Such calibration can be done fairly easily for variable speed
pumps or when critical speeds are captured on coast-down.

(Speed dependent coefficients have to be included to deduce
the critical speed under normal operating conditions). When
such data cannot be obtained, direct modal analysis on the rotat-
ing shaft becomes necessary. In this technique described in
Marscher (1986), the running shaft is impacted with a cali-
brated hammer a very large number of times. By cumulative
time averaging the responses, the shaft natural frequencies show
up on the response spectrum. While this method is direct and
reliable, it requires impacting a running shaft with a heavy

hammer (approx. 12 1b) many times (in excess of 200 impacts).
Although such an artificial excitation will not cause pump dam-
age, it can damage the operator of the hammer! This method
is therefore used only in cases where direct measurement is

critical.

Forces. 'As the critical speed issues in pumps were being
understood, it became increasingly clear that the rotor dynamic
performance was controlled by the magnitude of the exciting
forces acting on the rotor. These forces occur naturally as the
impeller rotates and adds energy to the fluid and are independent
of the lateral motion of the shaft. This is in distinction to the
forces generated in the clearances which are strongly motion-
dependent. The excitation forces occur at several frequencies
predominant among these being the once per rev and vane
passing. The effects of the 1X excitation are identical to those
of a mechanical unbalance and hence the hydraulic source can-
not be distinguished.

The 1X force arises primarily as a result of asymmetry of
the vane passages, which in turn is due to casting irregularities.
Since direct measurement of the forces is difficult, a method has
been developed to calculate it indirectly from a set of measured
vibrations using an inverse transfer function method (Ver-
hoeven, 1988). Vibration characteristics were measured for a
number of multi-stage pumps and the excitation forces were
back calculated. As these pumps had all been balanced to the
same fine grade of balance, the calculated forces were due to

RN R
R RN

/\<

N —

U

WIS
‘ {
|

Fig. 15 Canned motor magnetic bearing process pump for the Petroleum Industry (from Hanson et al., 1992)
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Fig. 16 Schematic of blood pump (from Olsen et al., 1996)

hydraulic unbalance. The results shown in Fig. 12 are very
surprising in that the magnitude varied by a factor of six or
more although all of the impellers were made with the state-
of-the-art sand casting methods.

It is instructive to compare the magnitude of the hydraulic
unbalance force against mechanical unbalance. A simple calcu-
lation for a typical high speed boiler feed pump is shown in
Table 2. Here k;, is the hydraulic unbalance force nondimension-
alized through division by pump head, outlet diameter and
width.

Such results, which are not untypical (see Florjancic and Frei,
1993), lead one to believe that very fine mechanical balance is
futile when impellers are not made with great control over
passageway uniformity.

As mentioned before, hydraulic forces are manifested at other
frequencies. Verhoeven (1988) contains results for forces at
vane passing frequency, which is typically generated by the
impeller wake interaction with the diffuser/volute leading edge,

and at sub-synchronous frequencies, which arise due to rotating
stall and other impeller recirculation phenomena. The results
clearly show, as for the 1X forces, a wide variation from one
pump to the next.

From the foregoing it is clear that hydraulic excitation forces
are nearly impossible to predict accurately. But as the magni-
tudes of the forces are significant, the pump designer has to
adopt conservative strategies to minimize the effect of these
forces. These include proper pump design in terms of impeller/
diffuser or volute clearances, shaft deflections, etc. Further,
advanced technologies for impeller manufacture need to be
looked into.

In the near future, it is unlikely that prediction capability for
hydraulic forces will significantly improve as the calculations
require proper and accurate simulation of vane-to-vane asym-
metries and the complex flow situation in the gaps surrounding
the impeller. On the other hand, significant improvements in
impeller quality can be expected through advances in manufac-
turing technology. Direct machining of closed impellers from
forgings are now possible. The vane passages in such impellers
can be quite accurate and should have the potential to generate
very low hydraulic unbalance forces. At this time, however,
such impellers are significantly more expensive and it is hard
to forecast wide spread use of this technique. Rapid prototyping
techniques are also finding applications in pumps but mainly in
the R&D arena as the materials are now primarily restricted to
polymers, etc. Whether impellers in steel can be directly fabri-
cated using advanced rapid prototyping methods remains to be
seen.

Pump Design

Advances in the knowledge of rotor dynamics and cavitation
behavior have led over the years to a steady increase in op-
erating speed. Speed increases lead to a decrease in size and
hence cost of the machine. When the design properly accounts
for the speed effects, such machines can be built to provide the
same degree of reliability as other slower speed pumps. Figure
13 shows the comparative designs when speed is increased

\\\\\\\\\\\\\\\\\ 77
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Fig. 17 Magnetic drive process pump conforming to APl 610 specifications
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significantly. The pump shown on the right replaced the one
shown on the left six years ago and has since provided excellent
service.

A factor that prevents wider application of high speeds is the
cost associated with the variable frequency drive or gear box.
Further, new reliability issues arise due to the addition of an-
other component in the system. A further fundamental problem
is that customers generally suspect that higher speeds will lead
to lower mean time between replacements. Customers are also
normally reluctant to depart from proven designs with an exten-
sive user history list. All these factors imply that operating
speeds other than direct drive will be restricted to special situa-
tions or when turbine drives are provided.

An exciting innovation in the past few years has been the
application of magnetic bearings to large pumps. Because these
bearings eliminate tribological contact, they offer the potential
of unlimited life. They also eliminate the conventional lube oil
system, and associated oil contamination problems. Their ability
to provide on-line information on shaft position and forces is
also an advantage. One application for a large utility boiler
feed pump is described in Hanson (1996). In this execution,
operating efficiency is also improved because balance line leak-
age loss is eliminated (Fig. 14). Another application for a large
double suction refinery process pump uses a homopolar mag-
netic field arrangement ( Ashley, 1996).

Magnetic bearings in conjunction with canned motors can
offer zero leakage capability for overhung pumps. These are
especially useful in refineries where strict emission controls are
increasingly being enforced. The advantage of using magnetic
bearings is that they are relatively immune to abrasive particles
in the liquid or occasional dry running. These conditions nor-
mally destroy conventional product lubricated bearings. A de-
scription of a magnetic bearing equipped process pump can
be found in Hanson and Imlach (1992). Figure 15 shows the
schematic of this pump.

While these applications have demonstrated that magnetic
bearings can be applied for large utility and refinery pumps, the
commercialization potential is largely unproven. At present,
magnetic bearings are much more expensive than the bearings
which they replace. Although the magnetic bearing cost can
come down if they are purchased in quantity, the volume is not
likely to increase unless the costs come down. Additionally,
there is considerable user reluctance to adopt a completely new
technology that would require extensive training of field person-
nel to maintain equipment. So, the future for magnetic bearings
in pump applications for the general utility and refinery industry
does not look very bright.

However, there are special niche applications where magnetic
bearings become the essential enabling technology. One exam-
ple is an innovative blood pump (Fig. 16, Olsen et al., 1996)
that is totally suspended in magnetic bearings and rotated by a
disk shaped brushless DC motor. Such projects are in the inno-
vative stage and whether these become commercially successful
remains to be seen.

Zero leakage capability for API refinery process pumps can
be achieved using magnetic drives. These drives are well known
in the chemical process industry typically employing low horse-
power units. For API applications, the liner that contains the
process liquid has to be thick to hold the pressure. This causes
such large eddy current losses that the application is often not
feasible. A novel innovation for the liner (Smith and Oliver,
1991}, consisting of an outer metal shell with longitudinal slots
and an inner shell made up of a number of hoops separated by
non-conducting material, has been proposed for an API pump
as shown in Fig. 17. Except for a few applications in Europe,
such pumps have not obtained wide acceptance. The main rea-
son is that mechanical seals have greatly improved in reliability
and with tandem or gas mechanical seals, nearly zero atmo-
spheric emission has been achieved.
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Conclusions

The pump research and development efforts in the United
States today are strongly driven by the perceived needs of the
customer viz. cost and reliability. Because of this drive the R&
D strategy in the US has changed significantly from the past.
This is reflected in the focus on certain technology fields in
which great progress has been accomplished. These include:

(i.) Hydraulics: Prediction technology based on computerized
fluid dynamics is poised to replace the previous ‘‘black
book’ empirical approaches. The drive is to produce
pump designs which meet performance specifications
with minimal trial and error and thus reduce pump cost.
In cavitation, the approach is to provide advanced impeller
designs which can guarantee long impeller life.
Vibrations: Diagnostic technology is now well advanced
to quickly identify sources of problems and provide cost
effective solutions. Rotor dynamic technology is now be-
ing understood well enough to offer high speed designs
which have the potential of reduced cost without sacrific-
ing reliability.

(iii.) Pump Design: Other than high speed applications, inno-
vations have been made in magnetic drives and magnetic
bearings for pumps. While these have demonstrated tech-
nical suitability for the intended services, their commer-
cial acceptability has not yet been proven. It appears that
their near-term future will be in niche applications,
where they become the enabling technology.

(ii.)
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Pump Research and
Development: Past, Present,
and Future

Peter H. Hergt

Dipl.-Eng., As in all areas relevant to the development and production of pumps the tasks the

Senior Research Engineer, hydraulic engineer has to deal with have undergone a remarkable change in recent
Central Hydraulic Department, decades: from a more or less unrestricted design of components to design roles
KSB A.G., dictated by manufacturing techniques. These general trends are accompanied by

Johann-Klein-StraBe 9,

D-67227 Frankenthal, Germany developments related to changes of the market requirements. This is demonstrated

for three particular pump types. The consequences of the demand to save energy—
with all the different aspects—are described for the example of heating circulation
pumps. The still growing environmental awareness is a challenge for an enlargement
of the presently valid operation limits of sealless pumps and for the development of
intelligent monitoring systems. It is demonstrated that the developments in the field
of boiler feed pumps are closely related to the growing unit sizes. Availability and
reliability, and as far as very large pumps are concerned the efficiency, have always
been and still are the dominant criteria.

General Research and Development Trends which will yield maximum efficiency and operating reliability
within the required operating range.

Although the goals—such as maximum efficiency —are still
the same, the problem definition has changed in so far as the
researchers question is no longer: how can we find the best of
all possible designs (not considering any manufacturing as-
pects) but: how can we design the hydraulic contours to meet
the requirements of modern, low-cost manufacturing methods
(forging, milling, bending, moulding), that is, in general, how
¢ in the objectives and hence the research focuses can we simplify them without causing an impermissible deterio-

in the approaches to problem solving and in the last couple ~ ration of the desired characteristics.
of years This highlights the significance of the ‘‘second task of turbo-

¢
¢ in an intensified cooperation with external organizations, ~Machinery design,” namely:
o

Over the last 25 years, all areas of relevance to the develop-
ment and production of centrifugal pumps have undergone fun-
damental changes which is of course only realized by those
who have worked in the same field over a long period of time.
These changes will be illustrated in the following by the exam-
ple of research and development in the field of fluid dynamics.
They become obvious:

especially universities

in the concentration on projects evaluated according to the

cost-benefit principle only - the possible geometric forms of rotor and stator (for example
as defined by the optimal manufacturing process)

- the possible speeds

- the operating behavior and operating range

- the fluid and its characteristics

Given are:

When talking about changing research focuses here, it is not
only the change inherent in all technical progress and develop-
ment of new products. It must be realized that irrespective of
the product and its field of application, production technology

has influenced fluid dynamics research to such an extent that it Needed are:
is now heading into a completely different direction.
In the early 1960s, the main concern was to create fundamen- - the head and
tals which allowed the engineer to achieve optimum efficiency, - the flow rate
stable characteristic curves, and a good suction behavior. The WhiCh can be achi_eved with an optimum efficiency while
complexity of the geometric forms developed in the process satisfying the requirements regarding
was hardly ever discussed since the machines were mostly man- -  the operating range and operating behavior

ufactured from cast components and aspects of component cas-
tability were neglected. From the beginning of centrifugal pump
engineering to the 1970s, the focus was on what the theory of
turbomachinery describes as the ‘‘primary task of turbomachin-
ery design,”’ namely:

The fluid engineer had therefore to acquire a thorough knowl-
edge of the possibilities provided by the production methods
and he was faced with the fact that the parameters required for
the design of these geometries were out of the range of his
experience. At this time, mainly empirical approaches were used

Given are the operating data, and needed are: for the design of pumps, i.e., Euler’s simple turbine theory
improved and adapted to experimental results by so-called ‘‘co-

- the geometry of the rotor (impeller) efficients of experience.”’
- the geometry of the stator (casing) With the development of computers and the improvement of
- the optimum speed or the possible speed ranges CFD-codes, tools became available which could help to replace

experimental experience by a purely theoretical analysis—at
: . . ) least to some extent. Nevertheless, since all theory must stand
Contributed by the Fluids Engineering Division for publication in the JOURNAL

or FLUIDS ENGINEERING . Manuscript received by the Fluids Engineering Division the test of practice, practical experience gathered very systemat-

September 8, 1998; revised manuscript received December 21, 1998. Guest Editor: ica!ly a}ld thoroughly Wl:“ C‘?ntinue to b? of great value as a
P. Cooper. calibration standard. It will still be some time before theoretical
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methods are reliable enough to make most experiments obsolete,
but the trend is already discernible and for cost reasons also
desired.

As far as the research topics are concerned, from the very
beginning of the period under review they have been determined
by the product requirements. However, there was always ade-
quate scope for fundamental research work not directly related
to the products, which, as experience shows, pays in the long
run. In addition, there was sufficient room for checking and
verifying concepts for the next pump generation and the genera-
tion after that. Nowadays we often do not find this, since today
projects are evaluated according to the cost-benefit principle
only. In other words, our fast-moving times also produce short-
term research approaches.

In the wake of increasing energy awareness, research focuses
once more on improving efficiency. While in the past improve-
ments were counted in percentage points, targets are now set
to tenths of a percent. Indispensable prerequisites for achieving
these targets are the use of all the modern theoretical and experi-
mental tools available.

Since industrial research departments usually concentrate on
the essentials, they often cannot cope with the variety of meth-
ods applied and questions to be treated. This is why fundamental
research work is increasingly carried out in cooperation with
external organizations. It goes without saying that companies
must nonetheless retain the relevant technical competence to
translate the research findings into practice.

In addition to these basic changes, specific progress, of
course, has been made in all fields of pump engineering. The
following illustrates this progress by three typical examples.

Heating Circulation Pumps

At present, approximately 15 million circulation pumps
are being manufactured in Europe annually, about 3 of which
(i.e., 5 million) are fitted in new installations. Assuming a
rather low power consumption of 60 W per pump, this leads
to an additional power of 300 MW per year. Whoever has
such a small pump fitted in the heating system of his house
will most likely not be aware of this fact. Whether the pump
input power is 60 or 70 W will probably make no difference
to him, since this accounts for less than 1 cent per day on
average. Everybody is interested only in the pump price,
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which is therefore, as ever, a very important factor of success
for the manufacturer.

The incentive for developing energy-saving circulation
pumps does not originate from customer demands but from
overall economic considerations. These insights resulted in a
recently published study conducted by the Swiss Federal Energy
Agency in the framework of its ‘‘Electricity’’ research pro-
gramme (Nipkow et al., 1994). The study revealed that the
efficiency of the circulator pumps currently available on the
market could still be significantly increased and called for a
sort of required minimum efficiency. Thus, ‘‘saving energy’’
will be one of the major development goals in the future as it
was in the past. However, the term ‘‘energy saving’’ has several
aspects.

Internal Pump Efficiency. The study mentioned above
shows that some, but by far not all, of the pumps under investi-
gation achieved fairly good efficiency in comparison with the
efficiency attainable according to Anderson (1975). The ques-
tion is, however, if this is really the standard to be applied
today. Of course this calls for the trivial task of adjusting the
unfavorable hydraulics to the level of the better ones. But the
use of supersynchronous speeds offers, in addition, a broad
range of possibilities. If it is possible to cover all design points
with ng = 45 + 55, (Ns = 2300 to 2800 or SL, = 0.84 to
1.03), it will mean a great step forward.

Motor Efficiency. Another issue the above study treated at
length is motor efficiency. For various reasons, conventional
asynchronous motors with low power output, exhibit low effi-
ciency, which in combination with pump efficiency might result
in wire-to-water efficiencies of only a few percent. By contrast,
electronically controlled motors with permanent magnet rotors
have an efficiency n of up to 80 percent. If combined with
improved hydraulics (see above), this could easily lead to an
overall efficiency which corresponds to less than the half of the
required energy. This is illustrated in Fig. 1 {Nipkow et al.,
1994).

Matching the Pump to the Operating Points. Typical
operating points of a complex heating system are shown in
Fig. 2. It is plain to see that they look like the points of the
resistance curve of a system with a high static component.
At O < Q.. and with constant need, the power loss caused

Hp (n=const)

v
Ap=aV+ap
Ap = const
o)
3 8
X o 4
/ System resistance curve
/
8
* H
# A
++4
L+
Design point: (3
Partload: + O A
Flow rate

Fig. 2 Typical operation points in a heating network
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by throttle control is Q (Hp — H,)/n. A first step toward
energy saving was speed control in accordance with Ap =
const, i.e., the pump is controlled via sensors so as to deliver
identical discharge pressures irrespective of the flow rate.
Today, advanced integrated power electronics offer new con-
trol options: provided a defined electrical signal value can be
attributed to each operating point, it is possible not only to
keep Ap = const but also to match the H/Q data to the
requirement and thus to avoid the losses completely.

Optimization of the Piping Network. Again and again
larger pumps than originally planned must be retrofitted into
heating systems, because the supply to some of the consumer
installations proves to be insufficient. This in turn entails throt-
tling of consumer installations then supplied with excessive
water.

A project funded by the German government dealt with the
development of a practical and not too complex method for
analyzing existing plants (Bach et al., 1989). Application of
this new method in installed plants corroborated the assumption
that in many cases heating system layouts are not optimal, which
causes an enormous waste of energy.

In one case in which optimization of the existing plant by
simple installation of appropriate throttling devices at the cor-
rect points within the system brought the total pump input power
down from 4 KW to 0.4 KW. In another case, the same proce-
dure resulted in a reduction from 170 KW to 37 KW. Similar
amounts of energy cannot be saved by any other measures,
which means that in the future great significance must be
attached to correct system layout.

Costs. In addition to energy consumption, manufacturing
costs, and thus the pump price, have been and will always be
an important criterion. The European circulator pump market
is dominated by two manufacturers (Grundfos and Wilo), and
success largely depends on the product prices. The conse-
quences derived from this fact, namely

optimized design

lightweight construction

high performance — small pump,
low-price materials

optimized manufacturing processes
optimized production methods

etc.

high speed

are well-known and do not only apply to circulation pumps.

Sealless Pumps

In the late 1970s, 1. Karassik predicted that sealless pumps
would gain importance in the years to come, and he was right.

Increasing environmental awareness in the last couple of
years and pertinent anti-pollution regulations contributed to-
ward a drastic limitation of permissible pollutant emission. Such
regulations can only be adhered to with difficulty, if at all,
when using pumps with mechanical seals. As a consequence,
hermetically sealed pumps are used for critical applications such
as:

- transport of media detrimental to health

- transport of media involving a risk of fire or explosion

- recirculation under vacuum or high pressure conditions

- handling media at extremely low or high temperatures

- handling media in pharmaceutical or bioengineering applica-
tions

There are two types of hermetically sealed pumps: canned
motor pumps and mag-drive pumps. Only the former will be
discussed in this paper.

The Swiss Benjamin Gréminger invented the canned motor
as early as 1914, but it was not before the 1930s, when for the
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first time austenitic steels were used for the can, that this type
started to become a true alternative to conventional designs.
The next important step forward was the development of a
pump for the nuclear submarine Nautilus by the Philadelphia-
based Chempump Corporation in 1948. European manufactur-
ers started their own developments in the 1950s and 1960s.
Real progress was only made, however, when motors with
higher rating could be built and the admissible operation temper-
ature and pressure ranges could be increased.

Today, the limits are approximately the following:

P = 250 kW
—120°C = ¢t = 450°C
Py = 1200 bar

While the pump efficiency is as a rule similar to that of other
pump types, the efficiency of canned motors is significantly,
ie., 10 to 15 percentage points, lower than standard motor
efficiency. So far, this fact has been of minor importance, since
safety is the vital aspect in canned motor pump applications.
The possible future use of cans made from plastics holds a
considerable energy savings potential.

A comparison of canned motor and standard motor pump
prices reveals that canned motor pumps, particularly in cast iron
design, are more expensive. According to the statistics of a
large German chemical company, however, canned motor
pumps require around one third less repair work than pumps
fitted with mechanical seals. They are obviously more reliable
and their life cycle costs are lower, which in many cases more
than compensates for the higher price.

As a result of more and more stringent anti-pollution regu-
lations, engineers must concentrate their efforts on leak-free
pumps. In the future, this pump type will have to meet ever
more exacting demands in terms of increased performance
and a broader application range. The development of new
materials, especially for plain bearings, will open up new
chances and opportunities regarding improved wear resis-
tance and dry-running features, as well as reliability in gen-
eral. For the transport of fluids having no or just minimum
lubricating characteristics, canned motor pumps fitted with
active magnetic bearings are an excellent choice and have
already been used in one or the other application. The rela-
tively high price is however still a prohibitive factor as to
universal use of such magnetic bearings.

As the efficiency of chemical plants is being more and
more improved, monitoring of hermetically sealed pumps
will gain importance. On-site monitoring of the flow rate,
pressure and power input is already quite common today. In
the case of canned motor pumps, the liquid level within the
motor and the temperature are monitored in addition. Critical
applications might require additional vibration and/or shaft
position measurements. It will be only a matter of time until
these different monitoring systems will be replaced by one
single intelligent diagnostic system permitting early recogni-
tion of pump failures.

Boiler Feed Pumps

As illustrated in Fig. 3, the further development of boiler
feed pumps was—and still is—determined by the fact that the
boiler capacity and the output of individual units have become
larger over the years.

In the mid-1950s, the increasing unit output also brought
a change in the feed water treatment, thereby improving the
conditions for steam generators and turbines but at the same
time increasing the corrosion risk for boiler feed pumps. With
impellers and diffusers being already made of high-alloy cast
chrome steel, it became necessary now to manufacture other
components from high-alloy materials as well, which had a
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Fig. 3 Development of conventional power stations

detrimental effect on the anti-seizure behavior, however. The
result of a large-scale research project was a corrosion-resistant
special alloy with improved anti-seizure properties as well as
the insight that it was impossible to achieve the favorable prop-
erties of the previously used low-alloy materials again. A
change in design compensated for this disadvantage. With a
large number of stages, the casing was matched to the rotor’s
deflection curve and the sealing gap was provided with a groove
profile.

In the early 1960s, unit outputs increased up to 150 MW,
and for the first time, stage pressures up to 65 bar were
reached. Meanwhile, drive technology enabled speed levels
up to a max. of 6000 rpm, which allowed the use of high
specific speed hydraulics. This way, even with a small number
of stages and increased internal clearances, high efficiencies
could be reached.

Larger pump sizes and higher speeds made for a considerable
energy concentration. The stage pressure rose by up to 2.5
times, causing increased hydraulic forces and hence axial thrust
balancing and vibration stability problems. These issues trig-
gered thorough investigations regarding the build-up and bal-
ancing of radial and axial forces.

Thus the development of boiler feed pumps in ring-section
design had reached a high level of perfection in the 1960s and
made possible the design of pumps for further increases in
output. In the late 1960s, unit outputs reached 300 MW. In
principle, these application requirements could be met by the
ring-section pump concept. However, in view of possible further
increases in output the barrel casing design was also discussed
with European consultants. At that time, this type was the stan-
dard design in the U.S. As a result, both pump types were used
from then on, with barrel casing pumps being preferred when
high-output machines were concerned. In the case of low-output
pumps the ring-section design still predominated for price rea-
sons.

At the beginning of the 1970s, the first 600 MW plants
were built. Since long-term practical experience with the use
of pumps in 300 MW plants could not be drawn upon in
Germany, barrel casing pumps, were the exclusive choice
for power plants of this size. Although commissioning was
usually effected without problems, after about one year of
operation the first-stage impellers showed unexpectedly
heavy cavitation erosion. The reason was the high velocity
level resulting from the pump size. Until then, the commonly
used method for determining the required suction head had
failed. In order to avoid damage, a new generation of impel-
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lers was developed for the first stage. A number of papers
describing the different steps of the development have been
published (e.g., Hergt, 1991).

_The 1980s and 1990s saw just a minor increase in outputs
(from 600 to 700 to 800 MW ) with pump power consump-
tions rising up to 30 MW. Meanwhile, the pumps had become
very large so that the analysis of the temperature-induced
deformations became important. Before start-up and after
shutdown, temperature layers occur in the pump resulting in
temperature-induced deformations. As a result, the casing
becomes distorted so that the rotor is at risk of rubbing against
the casing. The use of honeycomb joint rings enabled the
rotor to run without contact again with no loss of efficiency,
as well as with reduced vibrations. In small and medium-
sized pumps, honeycomb sealing rings even make for an
increase in efficiency. But top efficiency could also be
achieved in large pumps by additional hydraulic and design
improvements.

Among the different boiler plant developers, a certain degree
of standardization can be observed as far as the small and me-
dium sized boilers are concerned. The feed pumps for these
applications are available, but that does not mean there is no
need for further development. Future research and development
will focus on the following points:

* Increasing the overall efficiency of boiler feed pumps

* Further improvement of the suction impellers in order to
avoid the need for booster pumps, or to allow the feed
water tank to be installed at a lower level and, conse-
quently, reduce the cost of piping and elevated steel struc-
tures

¢ Design of pumps without auxiliary systems which reduces
the cost of monitoring, which includes, mechanical seals
without cooling water circuits and water-lubricated bear-
ings, among others

* Lowering production costs and at the same time improv-
ing product quality

* Prolonging maintenance intervals so they coincide with
planned boiler inspections

¢ Shortening delivery times

The pumps designed for the large coal-fired power stations
of the future will have to meet a different set of requirements.
From the literature and several meetings with a number of
end users, it can be concluded that, at least in Germany,
power stations with a unit output of 900 MW will be built
in the near future. And 1200 MW are by no means impossible.
From today’s perspective, this prospect calls for the develop-
ment of new turbines and generators or twin turbines. Stain-
less steel still remains the material used for boilers, although
heat-resistant austenitic steels will definitely be tested in the
future.

The new stainless steels used for turbines are suitable for
inlet temperatures of 600°C and inlet pressures of up to 300
bar, which means that the total heads of boiler feed pumps
will increase once more and that the flow rates will increase
considerably.

From our current experience with boiler feed pumps in-
stalled in 700 MW units, only 100 percent full load pumps
are used, with one, or at the most two, considerably smaller
starting pumps. The driving turbines will have a speed of
between 5000 and 6000 rpm. Speeds higher than 6000 rpm
are not expected because of economical reasons as discussed
by Hergt et al. (1990). In terms of the pumps, this means
that (Schill, 1995):

¢ The efficiency of the double-entry boosters will have to
reach 88 percent

¢ The hydraulic systems of the main pumps have to be
optimized in terms of efficiency
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* The end volute downstream of the last stage is a must

* Cellular profile casing wear rings will be a standard fea-
ture

e Research will concentrate on improving the cavitation
behavior, the interaction between impeller and diffuser,
and on the pressure distribution in the impeller side gaps.
The targets are stable characteristics without even the
smallest instabilities as well as the accurate prediction of
the axial thrust

e In view of the high power density of up to 8000 kW per
stage and the required geometrical accuracy combined
with physically smooth surfaces, impellers and diffusers
will be made more and more often of forged materials.
The channels will be pre-turned, milled, and drilled on
numerically controlled machining centers and the final
tuning will be done by EDM.

e Today’s impeller materials—stainless steels—will possi-
bly be replaced, e.g., by titanium

e QGas seals may eventually take the place of today’s shaft
seals

¢ The oil-lubricated radial and axial bearings will probably
be replaced by active magnetic bearings at some point. A
prerequisite for this is that the widely criticized balance
disk experiences a renaissance. By a change of bearings
alone, it is possible to improve the efficiency by 0.8 per-
cent. What a pump like this looks like, is shown in Fig.
4 (depicted with a double piston).

Future Prospects in General

Questions such as: what basic features do end users expect
of their pumps in future? are of course of interest in addition
to the general and special trends described above. This is why

Supersynchronous RPM
Pressure surge
Recycling ability

Suction ability

Control range

Noise emission

Prize

Emission free

Efficiency

Reliability

Fig. 5 Importance of pump characteristics
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the German Association of Pump Manufacturers commissioned
a Delphi study consisting of 21 questions. One of the most
interesting questions concerned the importance of the pump
characteristics listed below:

Suction behavior

Zero leakage

Sound emission
Pulsations
Supersynchronous speeds

Energy consumption
Reliability, availability
Control range, controllability
Price

Recyclability

The answers of 40 end users, consultants, institutes, etc. cov-
ered by the survey resulted in the ranking illustrated in Fig. S.
The fact that the price ranks fourth must not be misinterpreted
to mean that it is of minor importance. The following conclusion
can be drawn however: it seems that the customer is willing to
pay a higher price for a highly reliable pump with good effi-
ciency. This is already common knowledge as far as high-per-
forming pumps are concerned. But the fact that also relatively
small machines are increasingly evaluated in terms of their
so-called life cycle costs, i.e., purchase costs, operating costs,
maintenance costs, downtime costs, etc. is an indication as to
which product features the manufacturer must optimize. A dif-
ficult situation arises only if the end user, whose main concern
is life cycle costs, and the consultant, who is exclusively judged
by the investments required, are not identical.

The high ranking of the zero leakage feature corroborates the
well-known trend toward hermetically sealed pumps in process
engineering applications.

A number of comments emphasized the ever-increasing im-
portance of sound emission characteristics.

One problem not directly covered by the study but touched
upon by comments on other questions and discussed at length
in workshops at the 1996 Pump Conference in Karlsruhe was
the frequent lack of communication between manufacturer
and user. There was widespread agreement that in many cases
the optimum solution to pumping duties cannot be found
because on the one hand, the manufacturer receives incom-'
plete specifications and on the other hand, the user is not
sufficiently familiar with the physical characteristics and lim-
its of pumps.

So in the future, the manufacturer must think in terms of
‘‘providing solutions’’ rather than ‘‘selling products.’’ If this
is true and if the pump features described above are to be
optimized, computer simulation will gain importance in the
future. Reliable computation methods are indispensable for
finding out how a pump interacts with a system. The same
applies to the question of reliability. Critical phenomena like
abrasion, cavitation, transient stress on components or flow
processes in seal chambers cannot be economically controlled
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by merely conducting experiments, although what has been
said earlier holds true here also: in the long run, practical
experience will continue to be the ‘‘calibration standard’’ for
theoretical findings.
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Development: Past, Present, and
vFuture—Japanese Perspective

The evolution of pump research and production in Japan after 1955 is surveyed. The
post-war period has been divided into three stages of development with unique social
and industrial characteristics: expansion, conversion, and globalization. The growth
of pump production in sales amount and quantity is shown for various types of pumps.
The post-war direct and indirect research on pumps is classified into eight groups

of topics and their past trends are analyzed. These changes are correlated with the
characteristics of the corresponding background stage. These analyses with the past
suggest new trends of research for pumps of tomorrow.

Introduction

Pumps are an industrial product which meets the most basic
needs of humanity. They supply city water for daily life; they
feed water to boilers for power generation; and they circulate
fluids in every kind of liquid-handling system including human
bodies. Because of this, the production and development of
pumps have been strongly influenced by society and industry.
The present paper attempts to show how the characteristics of
pump research and development can be explained in terms of
the needs of society and industry in each respective age.

In order to crystallize the characteristics of society and indus-
try, the present paper divides the post-war development of Japan
into three stages with unique social and industrial characteris-
tics, that is, the Stage of Expansion (1955-1973), The Stage
of Conversion (1973-1991), and the Stage of Globalization
(1991 —present).

The growth of pump production in sales amount and quantity
is analyzed for various types of pumps based on the annual
industrial statistics (The Japan Association of Industrial Ma-
chinery 1995-1996). The post-war research on pumps, both
with direct and indirect concern, is classified into eight groups
of topics and their past trends are analyzed. These changes are
correlated with the characteristics of the background stage.

The last stage started in 1991, at the beginning of the last
decade of the 20th century. A paradigm shift of pump research
and development may be required in the years to come. The
shift of value can be described in simple wording as *‘from pre-
delivery to post-delivery.”

Change of Background—Three Stages of Social and
Industrial Development

The social, political, economic, and industrial development
of post-war Japan can be classified into three stages with unique
characteristics (Ohashi, 1996). Following are the descriptions
of each stage.

The First Stage: Period of Expansion, 1955-1973 (18
years). Ten years (1945-55) were needed to overcome the
post-war chaos caused by the surrender and occupation. In 1955,
the Liberal Democratic Party gained political control and con-
tinued to hold the government until recently. This political sta-
bility allowed a consistent policy necessary for farsighted devel-

Contributed by the Fluids Engineering Division for publication in the JOURNAL
OF FLUIDS ENGINEERING . Manuscript received by the Fluids Engineering Division
March 2, 1998; revised manuscript received September 21, 1998. Associate Tech-
nical Editor: D. P. Telionis.

254 / Vol. 121, JUNE 1999

Copyright © 1999 by ASME

opment of the society and industry. The government started
“‘Double the Income Initiative’’ to accelerate economic devel-
opment and the domestic market grew accordingly.

Heavy industries, such as steel, petrochemical, synthetic fiber,
ship building, automobiles, and heavy electric machinery; and
infrastructure industries, such as power generation and construc-
tion, took the leadership in expansion. Exports increased rapidly
and the international trade balance turned from deficit to surplus
in spite of huge imports of oil and raw material.

As industries started to expand rapidly, the shortage of engi-
neers became an urgent issue. The plea of industry leaders for
more engineers evoked a national consensus and the govern-
ment launched plans to quadruple the number of graduate engi-
neers. This expansion in quantity had its peak around 1965 and
the target was reached by the end of this expansion stage.

The influence of industrial waste on the pollution of the local
environment gathered little attention until the end of sixties.
This ignorance caused many severe and tragic consequences
such as the Minamata-syndrome ( pollution by organic mercury )
in the decades to follow.

The Second Stage: Period of Conversion, 1973-1991
(18 years). The first oil crisis in 1973 terminated the expan-
sion story of the first stage. Industries found that they thrived
mainly by consuming huge amounts of oil and raw material.
They were forced to reform themselves to be less dependent on
the supply of energy and material. Conversion from ‘‘Heavy-
Thick-Long-Large’’ to. ‘‘Light-Thin-Short-Small’’ became a
typical slogan of Japanese industries.

The information age started about this period with accelerated
proliferation of computer and communication technologies.
Products featuring the application of micro-electronics and pre-
cision-manufacturing, such as VCRs, DRAMs, and LCDs, be-
came the front running exports, replacing previous heavy prod-
ucts such as steel and ships. Industries achieved this conversion
far quicker than anticipated and regained competitiveness in the
world market.

In the latter half of this stage, the GNP grew rapidly again,
and Japan became the no. 2 economic power with a huge trade
surplus. A booming economy and surplus money triggered an .
overheated investment rush on stocks and lands, leading to a
spree called a bubbly economy. The bubbles started to burst in
1991, and the second stage terminated. History may explain
that the essential and hidden cause of this collapse was the
ending of the cold war.

The Third Stage: Period of Globalization, 1991-2.
The end of the cold war relieved mankind of the nightmare of
nuclear massacre and lowered the barriers between nations. It
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triggered the start of a borderless age. This new situation initi-
ated, on the other hand, a war of a different nature, namely,
competition of industries on a global scale. Leaders of every
nation are now clearly aware that science and technology are
the key factors for maintaining competitiveness and sound de-
velopment of industries, thus ensuring employment and a grow-
ing standard of living. Every industrialized nation started to
enhance ‘‘Strategic Research’’ with the determined object of
maintaining leadership in industrial development.

In the age of globalization just started, Japanese industries
are facing many difficulties: high costs of products owing to
the over-evaluation of currency, shift of production plants
abroad, over-capacities of domestic industries caused by pro-
duction moving abroad ( ‘hollowing’ ), change of the Japanese
style management, decrease in the size of the young generation
and so on.

The most competitive of Japanese industries have been mass
production technologies of standardized products such as auto-
mobiles and electronic devices. These technologies can be trans-
ferred abroad together with transplanted production facilities.
Industries urgently need new products which replace obsolete
products and fill the large hollows of domestic factories. The
fate of many Japanese industries depends on whether they are
capable of replacing their mainstream products from traditional
to globally competitive ones.

The industrial development of newcomer nations such as
China and southeast Asian countries, is accelerating the con-
sumption of energy and material at an enormous rate. The con-
sequence will be the shortage of natural resources on a global
scale and an ever worsening influence on the environment.

At the very start of the present stage in 1992, the Earth
Summit in Rio de Janeiro (UN Conference on Environment and
Development) declared that the environment is a global issue.
Discharge of carbon dioxide or CFC gas at a location induces
the greenhouse effect or depletion of ozone over the entire
globe. The largest value and target of industrial development
in the present stage lie in the key words ‘‘Sustainable Develop-
ment.”’

Growth of Pump Production

The Japan Association of Industrial Machinery publishes an-
nual statistics on the domestic production of industrial machin-
ery of various kinds (The Japan Association of Industrial Ma-
chinery 1995-1996). The following data are taken and pro-
cessed from these sources.

Figure 1 indicates how the annual sales of pumps in yen have
increased since 1955, the start of the first stage. The sales
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Fig. 1 Annual production of pumps in sales amount
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amount is further divided into three categories according to the
nature of clients, that is, export, the public sector, and the private
sector. The clients of the public sector are the government and
local authorities, and the pumps in this category are mainly for
public infrastructure such as irrigation, drainage, water supply,
sewage, dredging, water desalination, and so on. Pumps for the
private sector include those for power plants, chemical and
petrochemical plants, industrial facilities like steel works, ships,
mining, buildings and miscellaneous purposes. Small in size,
but huge in number, pumps installed in automobile engines,
electric appliances, house heating and cooling devices, etc., are
excluded from the present statistics.

As seen from the figure, the sales amount on a linear scale
has been increasing remarkably (divide by 120 for a rough
conversion to U.S. dollars). However, if we see this figure on
a logarithmic scale, that is, in terms of growth rate, the situation
seems quite different. The sales amount increased 15.3 times
during the first Stage with an annual growth rate of 16.4 percent.
This was indeed a period of expansion. The growth rate of the
Gross National Product (GNP) during the same period was 12.5
percent, namely 4 percent less than that of pump production.
This fact indicates that pumps used to be the forerunner of
industrial expansion, since they are an indispensable element
of investment in plants and facilities.

This situation changed in the second stage. The sales amount
increased three times during stage 2 with an annual growth
rate of 5.8 percent during the same 18 years. This change was
triggered, of course, by the oil crises which urged the industrial
conversion as described above. The annual growth rate dropped
to 2.9 percent between 1975 and 1988, and the rate was far
lower than that of GNP (7.5 percent), of the same period.
Pumps proved to be the forerunner of industrial trends also in
this case, but in a negative sense.

In the last few years of the second stage (1988-1991), the
growth rate of pump production recovered to 7.3 percent and
exceeded again the GNP growth, 5.7 percent, considerably. This
fact indicates that Japanese industries had overcome the after-
math of the oil crises and recovered confidence for investing in
the future. If we scrutinize the production of pumps during the
second Stage by client categories, it is found that the growth
rate of pumps for the private sector was 1 percent lower than
the average, while the rate for the public sector 1 percent higher.
This difference was due to the political decision of the govern-
ment to increase the budget for social infrastructure as the means
of stimulation for the stagnating national economy. Exports
increased six times in sales amount during this period. However,
the conversion rate of currency fluctuated so drastically, from
360 yen/$ to 80 and again to 120 at present, that it is difficult
to find any meaningful trends.

The outlook for the third stage is still opaque. The growth
of pump production parailel to the GNP may be fundamental
as the rule of thumb for such basic products as pumps.

Figure 2 indicates the annual production of pumps in number
of units on a logarithmic scale. Besides the total number of
pumps produced, the number of centrifugal pumps (single and
multi-stage), of axial and mixed flow pumps, of rotary and
reciprocating pumps (including regenerative pumps), of sub-
merged-motor pumps, and of non-corrosive pumps (stainless
pumps) are shown respectively. Centrifugal pumps kept the
majority as easily imagined. A rapid increase of submerged-
motor pumps since the late sixties and that of noncorrosive
pumps since the middle of the eighties are two remarkable cases
which reflected the interests of pump users. Demand for easy
maintenance and stain-free water may be the underlying incen-
tive of this rapid expansion.

Figure 3 illustrates the evolution of the largest unit output of
electric power stations in Japan, both for fossil-fuel and nuclear
power plants. Responding to ever increasing demand for electric
power, unit output of oil-burning power plants had increased

tenfold from 60 to 600 MW during the first Stage. It reached
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1000 MW in 1975 and has saturated since then. The situation
of nuclear power plants is quite similar. The largest unit output
of PWR and BWR plants reached the 1100 MW class at the
end of the first stage and stayed almost constant till 1996 when
an ABWR of 1300 MW class started operation.

The demand for bigger unit capacity has gone hand-in-hand
with the demand for higher thermal efficiency. Figure 3 shows
also the evolution of the highest delivery pressure and shaft
power of boiler feed pumps (BFP). The pressure and tempera-
ture condition of oil-burning power stations jumped from sub-
critical to super-critical in 1968. The development of BFPs
succeeded in following the plant demands and played an essen-
tial role for the improvement of thermal efficiency.

The story of BFPs is just an example of many other success
stories. Tankers became bigger and bigger. The capacity of blast
furnaces expanded year after year. We could find the introduc-
tion of numerous record-breaking pumps every year in the An-
nual Review Issue of JSME Journal during the first stage. This
glorious age of pumps was terminated by the assault of the oil
crises. The development of pumps thenceforth became difficult
to recognize from the superficial figures of specifications. Im-
proved efficiency, higher reliability, easy maintenance, rational-
ized design, and manufacturing processes leading to cost reduc-
tion; all these advances are invisible but quite essential to the
demands of present society.

Evolution of Research
For the survey of past research on pumps carried out in Japan,
papers published in the Transaction of JSME, Series B were
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surveyed. Series B includes papers on fluids engineering (fluid
mechanics and turbomachinery ) and thermal engineering (ther-
modynamics, heat transfer and thermal power plant) of roughly
equivalent number.

Figure 4 shows the evolution of research publications. To
reduce an excessive fluctuation, the number of papers published
in the five years duration is summed and shown by histogram.
The height of white bars (A) indicates the total number of
papers published in Series B, while the shaded height (B) that
of pump-related papers. Research on gas-handling machinery
such as fans and blowers are considered as pump-related, as
long as the effect of compressibility does not play a primary
role on the result. The ratio of pump-related papers to the total,
B/A, is indicated by line C. The number of pump-related papers
has been increasing, however, the increase is relatively low
compared to the increase of total papers. The ratio has decreased
from 22 percent to 6 percent over the last 40 years. In the fifties
and early sixties, nearly half of fluids engineering research was
pump-related, a vast field of application. The pump share has
decreased by two-thirds since then, and this fact shows that
fluids engineering has cultivated new fields of application in
emerging technologies.

It is interesting to observe that the increase of pump-related
papers was rather low (1.2 percent annually) in the first stage
when pump production was soaring. On the contrary, the pump
research was remarkably activated by the annual growth rate
of 5.2 percent in the second stage when the pump production
was rather stagnant. This implies that a booming economy may
spoil the driving force for innovative products. Difficulty is the
mother of progress. In order to follow the shift of interest in
pump research, pump-related papers were classified into the
following eight groups of topics:

(1) Flow phenomena in pump elements such as impellers
and diffusers, sub-divided into steady and unsteady phenomena.

(2) Analysis and prediction of overall performance of
pumps, sub-divided into steady and unsteady aspects.

(3) Fluid force on pump elements like vanes and impellers,
sub-divided into steady and unsteady phenomena.

(4) Cavitation study; inception, collapse, performance,
noise and acoustics, damage, etc., sub-divided into fluid phe-
nomena and material damage.

(5) Multi-phase flow in pumps; phenomena and perfor-
mance of pumps handling solid particles in liquid and gas bub-
bles in liquid.

(6) Application of Computational Fluid Dynamics (CFD)
to pumps, and active control of performance.

(7) Unsteady phenomena in piping system.

(8) Non-turbo pumps; rotary and reciprocating pumps, jet
pumps, water-hammer pumps, air-lift pumps, etc.

The number of papers in each group is summed up for five
years duration and the percentage of each group to the total
pump-related papers in the same period is plotted in Fig. 5. It
can be seen from this figure that the study of steady flow phe-
nomena in pump elements and unsteady phenomena in piping
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Fig. 5 Composition of the topics of pump-related papers

systems showed a drastic decrease from the first to the second
stage. The opposite tendency is obvious in the study of unsteady
flow phenomena in pump elements, fluid force, cavitation, gas/
liquid multi-phase flow, CFD, and active control of perfor-
mance.

The research trends may be characterized by a closer ap-
proach to real internal flow mechanisms and diversification of
research topics. In stage 1, most of the studies were on axial
or centrifugal machines characterized by 2D linear or circular
cascade analysis. This evolved into the studies of mixed flow
impellers, diffusers and volutes in stage 2, with the shifts
through quasi 3D to pure 3D analysis. Studies in stage 3 include
detailed internal flow measurements and CFD to correlate the
development of secondary flows including tip leakage flows
with over-all performance, studies on specific pumps such as
inducers, screw pumps, regenerative pumps, pumps for high
viscosity fluids and so on. Recent increase of non-turbo pumps
includes jet pumps, air-lift pumps, oscillating-pipe pumps and
pumps utilizing Weis Fogh mechanisms. Developments of
drainage pumps operable at any suction water level in stage 3
symbolize the diversification of demand from classical perfor-
mance to reliability in operation.

Turning to unsteady flow research, classical studies of cas-
cade flutter, surge, rotor-stator interactions and unsteady perfor-
mance in stage 1 are followed by studies that include the effects
of stall, boundary layer response, cavitation and 3D effects.
Studies of transient performance and those of rotordynamics
were started in stage 2 and extended to cover various cases.

The evolution of cavitation studies is somewhat different
from others. In stage 1, observation of cavitation and cavitation
performance in real pumps were of major interest. More funda-
mental studies of cavitating flows on foils and cascades, bubble
dynamics and damage were made in stage 2, leading to the
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efforts to quantitatively predict damage in real pumps in stage
3. Cavitation surge, is more closely correlated with internal flow
effects and the mechanisms of rotating cavitation were studied
in stage 3.

The study of fluid force and cavitation is closely connected
with the assurance of noise and vibration-free operation, which
became increasingly important to meet the regulations for the
surrounding environment. The largest feature of the second
stage is the proliferation of computer and information technolo-
gies. The application of CFD to the research and design of
pumps will accelerate further into the third stage. Application
of the inverse method will become a common tool of design
also in this stage.

Papers on active control of performance appeared a decade
ago and have been increasing. If active control of turbulent flow
becomes a realistic technology, it will evoke new research that
apply it to the internal flow of pumps.

Pumps in the Third Stage

Pumps have two different faces. One is the face of a record-
challenging machine with the utmost in advanced technologies.
Pumps are the heart of every liquid-handling system. The more
challenging the system, the more difficult the development of
the required pumps becomes. A good example is the tur-
bopumps of liquid-propellant rocket engines. High performance
rocket engines require the most advanced pumps in terms of
compactness and lightweight. This face is worth demonstrating
in the showcase of pumps.

The other is a quite common face as a component of a piping
system. The function of pumps in a piping system is to increase
the pressure and is just opposite to that of valves, which reduce
pressure by adjusting flow resistance. Pumps are merely one of
numerous piping components, as it is the case for valves, bends,
branches, etc. The majority of pumps bear this common face.
The value of these common pumps consists in high reliability,
easy maintenance and operation, and low cost.

Engineers and researchers who have a stake in pumps, wish
naturally to be involved in the R&D of record-breaking pumps
with the former face. Such cases have been, however, quite
scarce in recent years and we can mention only a few examples
such as the hydrogen and oxygen turbopumps for the LE-7
rocket engine (Kamijo, 1993), a down-hole pump for geother-
mal power generation (submerged-motor pump in 200°C water)
(Katsuta, 1996), a compact, high-powered pump for water jet
propulsion (Kawakami, 1993), a 600 bar high pressure centrifu-
gal pump for sea bedrock crushing (Manabe, 1981), etc. Such
opportunities may be also scarce, sorry to say, in the present
stage as was the case in the second stage.

A pump has a life cycle. Research, design, manufacturing,
test, and installation constitute the predelivery cycle, while oper-
ation and maintenance do the postdelivery cycle. The costs
incurred during the predelivery cycle make up the initial cost,
while those during the postdelivery cycle the operational cost.
Poor reliability pays a big penalty as a consequence in term of
increased operational cost.

Let us consider the case of a Primary Loop Recirculating
Pump of a BWR plant. The pump is expected to operate for 40
years (plant life) with the highest reliability, since any trouble
with the pump, even an excessive leakage from the shaft seal,
leads to a shutdown of the whole plant. In order to maintain
a high level of reliability for plant life, the costs during the
postdelivery cycle become essentially higher than the initial
cost (for pump reliability, refer to Makay and Szamody, 1978).

For the majority of pumps in service, long life, reliability and
life-cycle costs will become the largest concern in the decades to
come. This sort of target is not easy to handle, since a variety
of engineering disciplines are involved and must be coordinated
and integrated effectively. There are still a variety of key tech-
nologies that are waiting further advance and breakthrough. To
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mention a few, countermeasures for cavitation erosion, quantita-
tive prediction of unsteady fluid loading, air/water two-phase
flow pumps with large void fraction, structural vibration analy-
sis under liquid/structure interaction, maintenance-free bearings
and shaft-seals, pumps with a wide operational range, fluid
dynamical design for easy manufacturing, etc. are the examples
of such technologies. Fluids engineering plays a fraction of the
total role in the development of pumps; however, it has the
possibility of making a fundamental breakthrough for higher
reliability and lower costs.

Conclusion

The social and industrial background of post-war Japan has
been classified into three stages of development with unique
characteristics. The production of pumps in sales and quantity
was analyzed by statistical data and the evolution was correlated
with the features of the corresponding background stages. Simi-
lar analysis was made also for papers on pump-related research
published in the Transaction of JSME, Series B (fluids and
thermal engineering).

As the value of pumps, such qualifications as high reliability,
easy maintenance/operation and low costs will be sought as
top priority in the decades to come. The shift of value can be
described in a simple wording as ‘‘from predelivery to postde-
livery.”” Fluids engineering has the possibility of making an
essential break-through for these targets.
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The Rotordynamic Forces on
an Open-Type Centrifugal
Compressor Impeller in
Whirling Motion

In recent years, increasing interest has been given to the rotordynamic forces on
impellers, from the view point of the shaft vibration analysis. Previous experimental and
analytical results have shown that the fluid-induced forces on closed-type (with shroud)
centrifugal impellers in whirling motion contribute substantially to the potential desta-
bilization of subsynchronous shaft vibrations. However, to date nothing is known of the
rotordynamic forces on open-type (without shroud) centrifugal impellers. This paper
examines the rotordynamic fluid forces on an open-type centrifugal compressor impeller
in whirling motion. For an open-type impeller, the variation of the tip clearance due to the
whirling motion is the main contribute to the rotordynamic forces. Experiments were
performed to investigate the rotordynamic forces by direct measurement using a force
balance device, and indirectly from the unsteady pressure on the casing wall over a range
of whirl speed ratio ((Vw) for several flow rates. In this paper, the following results were
obtained: (1) Destabilizing forces occur at small positive whirl speed ratio (0 < Vw <
0.3) throughout the flow range of normal operation; (2) At smaller flow rate with inlet
backflow, the magnitude of the fluid force changes dramatically at a whirl speed ratio
close to Ve = 0.8, resulting in destabilizing rotordynamic forces. From the measurement
of unsteady inlet pressure, it was shown that the drastic changes in the fluid force are
related to the coupling of the whirling motion with a rotating flow instability, similar to
“rotating stall”; (3) The forces estimated from the unsteady pressure distribution on the
casing wall and those estimated from the pressure difference across the impeller blades
were compared with the results from the direct fluid force measurements. The direct fluid
forces correlate better with the forces due to the pressure distribution on the casing

wall.

Introduction

Over the last ten years many experimental and analytical data
have been obtained on the fluid-induced rotordynamic forces on
pump impellers, mainly at Caltech and the University of Tokyo. It
is now widely recognized that for closed-type (with shroud) cen-
trifugal impellers, the fluid forces become destabilizing for the
forward whirl generally at whirl speed ratio ({}/w) less than 0.5
(Jery et al., 1985; Bolleter et al., 1987; Ohashi et al., 1988). The
destabilizing forces are caused by the unsteady interaction between
the impeller and volute casing (Adkins et al., 1988; Tsujimoto et
al., 1988a) or vaned diffuser (Tsujimoto et al., 1988b), or by
unsteady leakage flow that surrounds the impeller shroud (Childs,
1989; Guinzburg et al., 1994), All these works have been summa-
rized in the recent textbooks of Childs (1993) and Brennen (1994),
which are extremely helpful and useful for shaft vibration analysts.

For axial turbomachines, the destabilizing mechanism associ-
ated with the tip clearance flow was first postulated by Thomas
(1958) and Alford (1965). Their model explaining the destabilizing
tangential force has been widely accepted. They pointed out that:
in a turbine operating with an eccentric rotor, blades with smaller
tip clearance would produce greater circumferential driving force
than blades at the diametrically opposite position with larger tip
clearance. This difference in blade loading results in a tangential
force promoting the forward whirl. Recently, for axial compressors
operating with rotor eccentricity, it was reported that the destabi-
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lizing whirl direction depends on the flow rate (Colding-Jorgensen,
1992; Ehrich, 1993). In addition, an MIT group investigated the
rotordynamic forces on the axial flow turbine for the SSME (Space
Shuttle Main Engine), both experimentally (Martinez-Sanchez et
al., 1995) and analytically (Song et al., 1997). They reported that
the fluid force on the rotor is basically generated as a result of the
nonuniform blade loading, as explained by Thomas and Alford,
with some fraction of the force caused by the nonuniform pressure
distribution around the rotor.

Open-type impellers have been widely used for high-speed and
high-pressure centrifugal compressors. Nevertheless, as far as the
authors are aware, no rotordynamic data for these machines are
available. This paper presents the results from an investigation of
the rotordynamic fluid forces on an open-type centrifugal com-
pressor impeller. Fluid forces were measured directly with a force
balance device. Discussions on the unsteady pressure measure-
ments on the casing wall, and blade to blade pressure distributions
are also presented.

Experimental Facility

Description of Test Facility. Figure 1 shows the mechanism
to generate the whirling motion. The inner sleeve supports the
main shaft through two eccentric inner bearings set to produce a
pure whirling motion. The main shaft is driven by an AC motor
with the rotational speed (w) through the universal joint, and the
outer sleeve is driven by a DC motor controlled to run at a
prescribed whirling speed (£2). The main shaft speed was main-
tained at 400 = 1 rpm, and the whirl speed ratio ({)/w) was varied
in the range from —1.4 to +1.4. Uncertainty in the whirl speed
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is a model of an industrial centrifugal compressor with 12 blades
(Z;), inlet blade angle 32 deg and outlet 45 deg at the tip (i.e., back
swept blade), outer radius (7,) 149 mm, exit width (b,) 23 mm; its
nondimensional type number is 1.3. The impeller was running
inside a vaneless diffuser with radius ratio r,/r, 1.61 and a
symmetrical collector to minimize the interaction with stationary
parts. Although the test impeller was designed for gas, water was
used as the working fluid to facilitate the measurement of the fluid
forces. The Reynolds number (Re = u,r)/v, u, = r,w) is
3.0~4.0 X 10° for actual condition (air, #, = 300~400 m/s), and
0.92 X 10° for this laboratory test condition (water, 1, = 6.2 m/s).
The effect of compressibility of actual working fluid (gas) is
neglected in the test condition (water). Under the condition without
eccentricity, the blade tip normal clearance is constant (1 mm)

*~(8) Casing wall

~—Casing center

Fig. 1 Mechanism to produce the impeller whirling motion

ratio, W w, is £0.002. A detailed description of the facility can be

found in Ohashi et al. (1991).
Figure 2 shows the details around the impeller. The test impeller

Nomenclature

" o
i

dimensionless fluid force due
to pressure distribution on cas-

Re = Reynolds number = u,r,/v
(where u, = r,w, v: kine-

b, = impeller axial width at outlet =
23 mm (see Fig. 2)

C = dimensionless direct damping ing wall: Ap”, normal (n) and matic viscosity)
coefficient, normalized by tangential () to whirl orbit, r, = impeller outlet radius = 149
pTrib,0 normalized by pmrib,ewm’ mm (see Fig. 2)
¢ = dimensionless cross-coupled f = frequency (Hz) t = time
damping coe2fﬁcient, normal- j = imaginary unit Z, = number of impeller blades =
ized b}f pTribyw K = dimensionless direct stiffness 12
AG, = coefficient of unsteady pressure coefficient, normalized by B = circumferential angular differ-
Ap, nqrmahzed by p(r,w) pTrib,w’ ence between pressure taps P4
AC, = coe,fﬁc1ent 0‘,: unsteady pressure k = dimensionless cross-coupled and P5 = 60 deg
AC. = Ap f,ﬁnpm;al;zed :)y (f(rz‘*’) stiffness coefficient, normalized y = phase difference (deg)
= cAoe” cien 01. urésbea y presgure by pmrib,w’ g = radius of circular whirl orbit =
g o b nomalized by ’r)(gtr;t(;:l) M = dimensionless direct added 0.6mm
A frame (see Fig. 3) g mass coefficient, normalized by 6= ;‘rf:(‘l“gfer'?:mal angle
. 2 = fluid densi
e mrb p Y
F,, F, = fluid force, normal () and tan- m = gimén;i onless cross-coupled ¢ = flow coefficient = flow rate/
gential (#) to whirl orbit (see , A Qmrib,w)
Fig. 3) mass2 coefficient, normalized by W = pressure coefficient = (p —
» f, = dimensionless fluid force, nor- prrabe 2,
fur f mmal () and tangential () 1o p = pressure ;Jt,li)élp;(thw) , Pu: total pressure
whirl orbit, normalized by Ap = unsteady pressure _ L0 .
arih,ew? Ap' = peak-to-peak of unsteady pres- Q _ whirling angu}ar velocity
i fl g e less fluid f d sure on casing wall at blade (V' = angular velocity of pressure
W fi = dimensionless fluid force due
N . pattern
to pressure difference across passing frequency @ = angul loci i
, n . = angular velocity of impeller
blades: Ap’, normal (n) and Ap" = amplitude of unsteady pressure Q/o = whirl speed rago p

tangential (¢) to whirl orbit,
normalized by prrrab,ew’
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Fig. 3 Scheme showing the rotordynamic forces. F, and F; are the
normal and tangential component to the whirl orbit. (&: eccentricity, w:
shaft rotational speed, ): whirling speed, (1, 2): rotating frame of the
force balance, (n, f): normal and tangential to the whirl orbit)

from the inlet to outlet. In the present tests, an eccentricity € = 0.6
mm was used for the whirl orbit radius. In this condition, the tip
clearance varies in the angular direction in the range of 0.4
mm~1.6 mm at the inlet and 0.8 mm~1.2 mm at the outlet in
phase respectively, due to the whirling motion.

Instrumentation and Data Acquisition System. The impel-
ler is supported by the main shaft through a rotating force balance
with a 4-axis force sensor, as shown in Fig. 1. The force balance
is composed of two couples of parallel plates and 4 strain gauges
per plate to measure the 4-axis forces (2 forces and 2 force
moments). The strain signals were taken out through a slipring.
The output signals from the strain gauges are converted to the
forces (two) and moments (two) components using a transfer
matrix determined from a dynamic calibration test. The outputs
start to be recorded at the instant when both the direction of the
eccentricity () and the impeller rotational angle (w¢) come to a
prescribed orientation, Figure 3 shows the situation at time ¢ after
the start of data recording, with both of the above directions set to
be in x-direction. Output signals were ensemble-averaged over 32
whirl orbits based on the triggering signal that indicates the instant
Qr = wt = 0 in Fig.3. The forces measured by the rotating force
balance give the lateral components of the fluid force, F, and F, in
a frame rotating with the impeller. The force components normal
(F,) and tangential (F,) to the whirl orbit, which are useful for the
rotor vibration analysis, were obtained from F, and F, using the
angle (o — ) X ¢ between the frame (1, 2) and (n, ), as shown
in Fig. 3. Both the fluid forces and force moments on the test
impeller were measured in the present study. However in this
paper, we focus only on the fluid forces, which play a primary
important role for the whirl stability. Measured fluid forces are
normalized as f,, f, = F,, F/(pmrib,en?), where p is fluid
density. Uncertainty in the dimensionless fluid forces f, and f; is
+1.5. We should note here that the tangential fluid force, f,, is
destabilizing for the whirling motion when f, X (}/w) > 0. (i.e.,
f, and Q/w are both positive or both negative.) In the case of the
normal fluid force, f,, a positive (outward) force could be consid-
ered as a destabilizing force in the sense that it tends to increase the
radius of the whirl orbit.

P1~P6 in Fig. 2 show the location of pressure taps to measure
the steady and unsteady pressure. P1~P3 and P6 were used to
measure the steady pressure with a manometer. P6 is located
downstream of the impeller at radius r = 163 mm (i.e.,, v/r, =
1.09.) In addition to this, P1~P3 and P4, P5 were used to measure
the unsteady pressure with pressure transducers. P1~P3 on the
casing wall are facing the impeller tip. P4 and P5 are located just
upstream (6 mm) of the impeller inlet at different circumferential
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Fig. 4 Pressure performance of the test impeller and steady pressure
on the casing wall without eccentricity, pressure coefficient i versus
flow coefficient ¢ (uncertainty in ¢ = 0.005, in ¢ = 0.01)

positions (separation angle, 8 = 60 deg.) to facilitate examination
of the circumferential propagation of a rotating flow instability
(described later). The diameter of the pressure taps, P1~P3, is 1
mm and silicone oil was filled in the cavity in front of the pressure
transducers. The pressure transducers at P4 and P5 were installed
flush with the casing wall. The resonance frequency of the mea-
surement system is 2.2 kHz, while the blade passing frequency is
80 Hz (Z, X w/2m).

Results and Discussions

Compressor Pressure Performance. Figure 4 shows the
static pressure coefficient () and steady pressure on the casing
wall at various axial locations plotted against the flow coefficient
(¢), under the conditions without eccentricity. The design flow
coefficient is ¢, = 0.424. From the flow visualization through the
transparent casing made of acrylic resin with air bubble injection,
backflow onset at the inlet was observed at ¢ = 0.32, where the
pressure rise reaches a local peak. The performance curve has a
positive slope in a range of ¢ = 0.30~0.32. The flow rates less
than ¢ = 0.32 will be called hereafter the low flow rates. For the
measurements of fluid forces, the flow rate was varied from ¢ =
0.185 to ¢ = 0.508.

Fluid Forces Measured With Force Balance. Figure 5
shows the dimensionless normal, f,, and tangential, f,, fluid forces
measured directly by the force balance versus the whirl speed ratio,
Q/w, for various flow rates. From these results, it can be seen that
the tangential fluid forces, f,, on the unshrouded centrifugal im-
peller are destabilizing at small positive whirl speed ratio in the
range 0 < (Mo < 0.3 throughout all the flow range, even without
the interaction between the impeller and volute casing or vaned
diffuser. At the design flow rate of ¢, = 0.424, the normal
component is roughly quadratic and the tangential component is
linear with whirl speed ratio. This was also found to be true for the
case of a shrouded pump impeller in volute casing (Jery et al.,
1985). From the quadratic behavior, it is suggested that the added
mass effect contributes substantiaily to the normal component at
the design flow rate. The direct added mass (M), cross-coupled
added mass (m), direct damping (C), cross-coupled damping (c),
direct stiffness (K), and the cross-coupled stiffness (k) can be
obtained from rotordynamic force data if force can be expressed as
a quadratic function of {}/w (Childs (1993) and Brennen (1994)).
Table 1 presents the dimensionless rotordynamic coefficients ob-
tained from the fluid forces in Fig. 5 (¢) at the design flow rate. The
dimensionless direct added mass coefficient, M, is 3.04, and “whirl
ratio”, k/C, is 0.34. These characteristics are the same as a
shrouded pump impeller in volute casing (Jery et al., 1985). The
dimensionless direct stiffness coefficient, K, is 1.82 (positive),
while it is negative for a shrouded pump impeller. However, it
should be noted here that the fluid forces change dramatically at
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the low flow rates in the presence of backflow. In particular, at
whirl speed ratio close to )/w = 0.8, the tangential component
changes significantly from being negative to a high positive value.

Ohashi et al. (1990) reported experimentally that the destabiliz-
ing tangential fluid force on a shrouded pump impeller with vaned
diffuser increased suddenly at low flow rate for the whirl speed
ratio of (/e = 0.05. They attributed this to the rotating stall in the
vaned diffuser. Moreover, Tsujimoto et al. (1987) calculated the
fluid forces on a whirling impeller in a vaneless diffuser using
2-dimensional vortical flow analysis. They also reported that, at
low flow rate, the tangential fluid force becomes destabilizing at
the whirl speed ratio ({}/w) close to the propagating speed ratio
O'/w = 0.157 of the diffuser rotating stall, and /o = 0.988 of
the impeller rotating stall. Recently, Bently et al. (1998) reported
from the experimental results of perturbation test of a centrifugal
compressor, that the fluid-induced direct stiffness drops dramati-

Table 1 Dimensionless rotordynamic coefficients for ¢4 = 0.424

M, m : normalized by p 7Tr,?b,
C, ¢ :normalized by o 7r,2b,w
K, k : normalized by 0 7r,2b,»?2

3.04
-0.053
4.30
-0.081
1.82
1.48
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Fig. 6 Evaluation of the peak to peak of the blade passing (Ap’) and the
unsteady pressure with whirling frequency (Ap’) from the unsteady pres-
sure on the casing wall (Ap), for location of P1, ¢ = 0.285, and Q/w = 0.63
(uncertainty in AC, = 0.005, in ¢ = 0.01, in O/ + 0.002)

cally during rotating stall. The significant change of the fluid forces
for M/w = 0.8 in the present study will be discussed later from the
detailed examination of the unsteady pressure on the casing wall.

Force Estimated From Unsteady Pressure Distribution.
The fluid forces on the impeller are estimated from the unsteady
pressure measurements on the casing wall to possibly obtain a
better understanding of their origin. Two simple ways of estima-
tion are employed. The first is to integrate the blade forces that are
evaluated from the pressure difference across the blade measured
on the casing wall. This corresponds to the nonuniform blade
loading model proposed by Thomas (1958) and Alford (1965). The
second is simply to integrate the pressure distribution on the casing
wall to estimate the reaction forces. In this case the forces due to
the pressure distribution and the momentum transfer at the inlet
and outlet, and the rate of change of fluid momentum in the
impeller are neglected.

Unsteady pressure on the casing wall (Ap at locations P1, P2,
and P3) consists of the blade passing frequency and the whirling
frequency components. Figure 6 shows a typical example of un-
steady pressure, Ap, measured on the casing wall at the location of
P1, for ¢ = 0.285, and (J/w = 0.63. In this figure, the horizontal
axis represents the phase of the whirling during a period, in which
the clearance gap is widest at 0, 27, and smallest at 1, at the
location of pressure measurement (P1). During one period of the
whirling, the number of blades passing by the pressure transducer
is Z; X lw/Q. For the condition shown in Fig. 6, nineteen waves
(Z; X 1o/ = 19.05) due to the blade passing are clearly
observed. The amplitudes of the component with blade passing
frequency, denoted as Ap’ used for the estimation of the blade
loading, were obtained from the reading of peak-to-peak values for
each blade passing, as shown in the top of Fig.6. A detail of the
pressure wave form of the blade passing is shown in the figure. On
the other hand, the pressure fluctuation with whirling frequency,
denoted as Ap” used for the casing pressure force evaluation, was
obtained from the Fourier transform analysis of Ap, as shown in
the bottom of Fig. 6.

For the blade load evaluation, it is assumed that Ap’ shows the
pressure difference across the blade at the tip, and the pressure
differences from the tip to hub are proportional to the square of its
radius. The forces ( f,. f7) are estimated by integrating the assumed
pressure differences on the three segments of the blade using Ap’
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Fig. 7 Comparisons of the dimensionless direct fluid forces (fy, f;) with
the estimated fluid forces (f}, fi) due to the pressure difference across
the blade, and (f}, £t} due to the unsteady pressure on the casing wall
(uncertainty in f,, f; x 1.5, in Q/w * 0.002)

at P1, P2, and P3 in consideration of the back swept blade. For the
casing pressure force evaluation, the fluid forces (f7%, f7) are
obtained by integrating the pressure distributions Ap” from the
blade leading edge to trailing edge on the casing wall. The pressure
distributions are interpolated and extrapolated from Ap” at P1, P2,
and P3.

Figure 7 shows the comparison of the direct fiuid forces ( f,, f.)
measured with the force balance and the estimated forces ( f5, £1),
and (f7, f7), for the design (¢, = 0.424) and low flow rate (¢ =
0.285) conditions. The fluid forces (f", f7) agree fairly well with
(fos f1), while ( f,, f}) are not in good agreement. Thomas (1958)
and Alford (1965) explained the destabilizing mechanism in axial
flow turbines from the blade loading nonuniformity due to the
change in tip clearance. The present results may suggest that some
fraction of the fluid force on the impeller is caused by the non-
uniform pressure distribution on the casing wall, so that a different
flow model is needed to explain the rotordynamic forces on un-
shrouded centrifugal impellers.

Coupling of Whirling Motion With Rotating Flow Instabil-
ity at Low Flow Rate. Figures 8 and 9 show the unsteady
pressure at the inlet at the design (¢, = 0.424) and lower flow
rate (¢ = 0.285) conditions, without eccentricity. Figures 8 (a) and
9 (a) show the wave forms measured at the locations of P4 and PS;
P4 and PS5 are at the same axial location, but P5 is 60 deg ahead of
P4 in the direction of the impeller rotation. Figures 8 (b) and 9 (b)
show the time averaged cross spectra between P4 and P35, and Figs.
8 (c) and 9 (c) the phase (vy) of the pressure at PS relative to that
at P4. At the design flow rate, the blade passing (f = 80 Hz (Z,
X w/21)) is clearly shown in the wave form. However, it is not
very clear at the lower flow rate. At the low flow rate, there are
some peaks in the cross spectrum (Fig. 9(b)), although the cross of
amplitudes (Ap, X Ap;) of these peaks are much smaller (ap-
proximately 1~3%) than that of the blade passing frequency. The
discrete components (i), (ii), and (iii), in Figs. 9 (b) and (c), have
the frequency of f = 5.3, 10.8, and 17.0 Hz, and the phase y =
—60, —150, and —200 deg, respectively. These values of phase
difference are close to integer multiples of circumferential angular
distance (8 = 60 deg) of two sensors; ie., y = —nfB, n = 1, 2,
and 3. This suggests that pressure patterns with the number of cells
n = 1, 2, and 3 are rotating at the inlet much like conventional
rotating stall. However, unlike conventional rotating stall, these
frequency components (i), (i) and (iii) are found only at the inlet.
The propagating speed ratio of these components is '/w =
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Fig. 8 Typical wave form of unsteady pressure, cross, and phase spec-
trum at the impeller upstream locations P4 and P5, ¢ = ¢4 = 0.424 +
0.01, without eccentricity (uncertainty in AC, + 0.005, in frequency f x
0.4 Hz, in phase y x 5 deg)

fin(w/2) =~ 0.79 which is very close to the value of Mo = 0.8
where the abrupt change in f, and £, is found at the low flow rate
under whirling motion. The group of frequency components (iv)
distributed over a wide range of frequency f = 20~60 Hz has the
characteristic that the phase (y) decreases linearly with the increas-
ing frequency f. Here, when we assume a circumferentially prop-
agating pressure pattern Ap with frequency f and propagating
speed (), that is Apx exp{2afj X (¢+ — 6/Q')}, the phase y
measured between P4 and P5 is expressed as vy = —2ufB/(}’
(where 8 = B = 60 deg). With constant {)', this relation between
v and f is linear. This situation agrees with the component (iv)
found in the range of f = 20~60 Hz as shown in Fig. 9 (¢). From
the slope of Ay/Af in Fig. 9 (c), the propagating speed ratio was
estimated to be Q'/w = 0.43 in the present study. From the above
discussion, frequency components (i)~~(iii) correspond to discrete
frequencies where 2nf/Q}' = n = 1, 2, and 3 (where Q}'/w =
0.79), while for the frequency component range (iv) the value of
2mfI§}' varies continuously from 7 to 21 as f varies from 20~60
Hz (/o = 0.43). All of the components (i)~(iv) appeared at
lower flow rate ¢ < 0.32 where the inlet backflow was observed
from the flow visualization, However, further study is needed to
clarify the relation between the backflow and these pressure fluc-
tuations.

Kameier et al. (1997) also observed similar rotating pressure
pattern with a constant slope Ay/Af at low flow rate in an axial
compressor. In this case, the propagating speed ratio increased

JUNE 1999, Vol. 121 / 263

Downloaded 03 Jun 2010 to 171.66.16.147. Redistribution subject to ASME license or copyright; see http://www.asme.org/terms/Terms_Use.cfm



$=0.285
Location P4
0.15 .
g 0
4
015 Time (5) 0.4
Location P5
0.15
g o WWWMWM
q
-0.15
0 Time (s) 0.4
(2) Wave form
x1075 (ACpgX ACps)g p.=2 X104
10 Blade passing J
0 (iv)
&)
4 80Hz
S 05 hwaw ]
Q
g
0 AV A L paddas)
0 Frequency (Hz) 100
(b) Cross spectrum
2000

(i) @) @i

!

-2000 L 1 L 1 1 1 I

0 I F;'equency (Hz) 100
(c) Phase spectrum

Phase y (deg.)
)

Fig.9 Typical wave form of unsteady pressure, cross, and phase spec-
trum at the impeller upstream locations P4 and P5, ¢ = 0.285 * 0.01,
without eccentricity (uncertainty in AC, + 0.005, in frequency f =+ 0.4 Hz,
in phase v = 5 deg)

from 0.3 to 0.55 as the flow rate decreased. From their experimen-
tal results for the cases with two tip clearances (wide and small)
and a test with Velcro tape inserted in the tip clearance, they
concluded that these patterns of pressure fluctuation are associated
with the leakage flow through the tip clearance under reversed flow
condition.

Figure 10 shows the comparison of the pressure fluctuations
measured at the location P1 with a whirl eccentricity, & = 0.6 mm.
The wave forms of pressure fluctuation were ensemble-averaged
32 times based on the triggering signal that indicates the instant
when the direction of the eccentricity and the impeller rotation
angle are at a prescribed orientation relative to the pressure trans-
ducer. The dotted line, denoted as “n” in the figures, indicates the
instant when the smallest tip clearance passes by the pressure
transducer. The amplitude of the blade passing component, or the
blade loading, varies with the whirling. At the design flow rate
(Fig. 10 (a)), the variation of the blade loading is not strongly
affected by the whirl speed ratio within {}/w = 0.63~1.13. How-
ever at low flow rate (Fig. 10 (b)), the blade loading changes
significantly with the whirling motion, and the location of the
maximum blade loading (corresponding to the highest peak-to-
peak fluctuation) relative to the location of the minimum tip
clearance (n) shifts with the change in {}/w. The difference of the
blade loading is largest at {}/w = 0.81. This and the large change
of the fluid forces near {}/@ = 0.8 at low flow rates may be caused
by the coupling of the whirling motion with the rotating pressure
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Fig. 10 Comparison of the pressure fluctuations on the casing wall
between ¢ =.¢4 = 0.424 and ¢ = 0.285 with whirling motion £ = 0.6 mm,
at location P1 for Q/w = 0.63, 0.81, 1.13 (uncertainty in AC, = 0.005, in
Qo = 0.002, in ¢ = 0.01)

pattern, i.e., component (i), found at the impeller inlet (Figs. 9(b)
and 9(c)).

Conclusions

From the experimental results and discussions, the following
conclusions can be drawn:

1. For an open-type centrifugal compressor impeller, the tan-
gential fluid forces become destabilizing at small positive whirl
speed ratio (0 < Q/w << 0.3) throughout all the flow range even
without the interaction with a volute or vaned diffuser.

2. The forces estimated from the unsteady pressure on the
casing wall agree well with the forces measured directly by the
force balance. However, the forces estimated from the pressure
difference across the impeller blades are not in good agreement
with the direct force measurements.

3. The fluid forces change dramatically near the whirl speed
ratio M/w = 0.8 at the low flow rates. As a result, the tangential
fluid force has a large positive value and enhances whirling close
to this whirl speed ratio.

4. When the rotor has no eccentricity, it was found that pres-
sure patterns with 1, 2 and 3 cells rotate at the impeller inlet with
the speed ratio of {)'/w = 0.79 at low flow rates. In addition to this,
it was found that the pressure patterns without definite number of
cells propagate with the speed ratio of {}'/w = 0.43,

5. From the pressure measurements just downstream of the
blade leading edge in presence of whirling motion, it is suggested
that the destabilizing fluid force around (M/w = 0.80 is caused by
the strong interaction of the whirling motion with the rotating flow
pattern with '/w = 0.79.
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results show that the pump is the major source of loss in the speed ratio range where
vehicles are most frequently operated in everyday driving. The loss coefficients for the
three elements are also evaluated using a one-dimensional flow model. The friction loss
coefficient of the turbine shows small variation over the entire tested speed ratio range,
whereas the coefficients of the pump and stator vary considerably according to the

operating speed ratio. The cause of loss in the pump and stator is investigated by flow
visualization and three-dimensional numerical flow analysis. A low kinetic energy region
in the pump and leading edge separation in the stator are clearly visualized or

computed.

Introduction

A torque converter is a kind of turbomachine that is widely used
in today’s antomatic transmissions for automobiles. It consists of
three major elements—a pump, a turbine, and a stator. Its functions
include damping of engine torque fluctuation, damping of noise
and vibration in the driveline, and automatic amplification of
torque according to the difference in rotational speed between the
input and output shafts without requiring any external control.
Internal flow investigations and development of performance pre-
diction methods for the torque converter have been carried out
over the years, as its hydrodynamic performance has a significant
influence on vehicle fuel economy and driving performance.

Some experimental work has been done to elucidate internal
flow characteristics. Numazawa et al. (1983) reported their results
of flow visualization in the pump and turbine blade passage ob-
tained with a liquid resin method. Unsteady flow just behind the
pump impeller was measured by Browarzik (1994). Brun et al.
(1996) used a laser Doppler velocimeter to investigate the internal
flow in the three elements. Dong et al. (1998) measured complex
unsteady flow fields at the pump and turbine exits using five-hole
Pitot tubes with high-response pressure transducers,

Flows through the three elements were computed by using CFD
codes employing a finite difference method (Fujitani et al., 1988)
and a finite volume method (Cigarini et al., 1995), thanks to the
improvement of computer hardware and computational schemes.
Some of the computational results showed good qualitative agree-
ment with the measured flow patterns. This approach, however,
cannot be considered practical yet for making overall performance
predictions, in view of the considerable manpower and time re-
quired for mesh generation and program execution, among other
drawbacks. Therefore, a simple and practical performance predic-
tion method is still needed, one which employs empirical constants
but yields results in a relatively short time with sufficient accuracy
for practical application.

Practical performance prediction has mainly been performed on
the basis of a one-dimensional angular momentum theory (Ishi-
hara, 1955), which assumes a stream line representing internal
flow in a torque converter. Efforts have been made to improve the
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prediction accuracy of this approach in order to apply it to various
blade and channel specifications and performance requirements.
Some researchers have introduced the exit flow angle and total
pressure loss characteristics of the stator as computed by numerical
simulation using a discrete vortex method (Minato et al., 1987) or
viscous flow analysis (Kubo et al., 1994). One paper describes an
attempt to adjust the stator exit flow angle as a way of obtaining
good agreement between the calculated and measured torque con-
verter performance (Abe et al., 1996). However, none of these
studies sufficiently examined the pump and turbine hydrodynamic
characteristics, and systematic approaches were not used to eval-
uate the performance characteristics of each element of the torque
converter. Therefore, these methods have the drawback of poor
performance prediction accuracy when design parameters such as
the blade angles change considerably.

This paper describes an experimental procedure for clarifying
the hydrodynamic characteristics of the three elements, defining
the unit performance of each element and evaluating it on the basis
of data measured with five-hole Pitot tubes between any two
elements. It also examines the friction loss coefficients of each
element in a one-dimensional flow model, and investigates the
cause of loss generated in the pump and and stator where the
friction loss coefficients change substantially. This is done in
reference to the flow visualization results in the blade passage
walls and the CFD results for the three-dimensional flow in the

pump.

Experimental Apparatus and Procedure

Test Rig. A torque converter with a 236 mm nominal diameter
and a circular torus cross-section was used, as shown in Fig. 1. The
inlet and exit blade angles on the design path, a line that bisects the
flow passage cross-sectional area, and the blade number for the
three elements are shown in Table 1. The blade angle is defined as
an angle from the meridional plane. The minus sign in the table
indicates the rotational direction of the impellers, which means that
the tested pump impeller had forward lean blades. The character-
istic curves of the test torque converter without the Pitot tubes are
shown in Fig. 2.

The input and output shafts of the torque converter were con-
nected to DC dynamometers, with tachometers and torquemeters
installed in between. These dynamometers were controlled so that
the input torque was constant in a given speed ratio. As the stator
was fixed, measurements were performed in a speed ratio range
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Fig. 1 Torque converter and Pitot tubes

between 0 to 0.8, where the output torque was larger than the input
torque. The pump and turbine speeds for three typical speed ratios
are shown in Table 2 for reference. An ordinary automatic trans-
mission fluid was provided as the working fluid from an external
pressure source and controlled so that the inlet pressure was 0.17
MPa, the outlet pressure 0.14 MPa and the exit temperature 80 =
1°C for the torque converter.

Five-Hole Pitot Tube. Three different types of spherical five-
hole Pitot tubes (with a 2 mm probe diameter and a 0.2 mm
pressure hole diameter) were made in order to measure flow
between any two elements. They were calibrated for yaw and pitch
angle in steady-state uniform flow in an oil tunnel. The calibration
was conducted at the velocity near the Reynolds number under
actual machine operation.

The measurement points (location of probe front) of the three
measurement sections A, B, and C (pump exit, turbine exit and
stator exit, respectively) are also shown in Fig. 1. The probe was
traversed over 5 points to measure sections A and B, and over 25
points (5 points radial X 5 points peripheral) to measure section C.
The probe was installed tightly in the test rig and flow velocity and
pressure were calculated using the calibration curves for yaw and
pitch angle. When calculating one-dimensional performance, the
average for the section was found by weighting the data according
to the mass flow at the measurement points.

Flow Visualization. The visualization method employed here
resembles the oil film method and is outlined below. First, a

Table 1 Specification of three elements

Element [ Inlet angle | Exit angie | Blade number
Pump 38° -36° 31

Turbine -60° 57° 29
Stator 0° -58° 16

material made primarily of heat deformable epoxy resin was
liquified at high temperature and coated thinly on the blade pas-
sage walls. Second, the flow pattern was created on the surface of
the material by operating the torque converter under the specified
conditions. It took at least several minutes to create the flow
pattern on the blade passage walls. Therefore, a short period of
time (10-20 seconds) each for start up and shut down did not
affect the steady flow pattern. Third, after hardening the material
surface at room temperature, liquid silicon rubber was poured over
it to form a thin film. The rubber film with the transcribed flow
pattern was then detached from the material some hours later after
the rubber had solidified. Finally, the rubber surface was covered
with dye powder in order to make the engraved flow pattern more
visible.

Computational Method

Viscous calculations were performed by using STAR-CD
(Computational Dynamics, 1995), a general flow analysis code
which employs a finite volume method of discretization. Three-
dimensional incompressible time-averaged Navier-Stokes equa-
tions were solved with the code. A standard k-& model (Launder et
al., 1974) was used for turbulence closure modeling. In discretiz-
ing the convection terms of the equations, the QUICK scheme
(Leonard, 1979), a third-order upwind differencing scheme, was
used to obtain a stable solution while suppressing numerical dif-
fusion, The SIMPLE algorithm (Patankar et al., 1972) was em-
ployed to solve the algebraic finite-volume equations resulting
from the discretization operation.

To represent the complex geometry of the torque converter
hydraulic elements accurately and distribute the computational
meshes in an appropriate fashion, an in-house mesh generation
program was used. Mesh-point clustering was performed near the
boundary and cell deformity was checked with the program. The
computational grid used in the present study is given in Fig. 3
where one blade passage is shown in each element to illustrate the

Nomenclature
e = speed ratio (= wy/w,) W = relative velocity 1 = pump
H = head (nondimensional) a = relative flow angle from meridional 2 = turbine
I = rothalpy (= P/p + 1/2W* — plane 3 = stator
1/2U% . ) B = blade angle from meridional plane A = measured section A (pump exit)
h = head. loss (nondimensional) AT = rothalpy change from upstream B = measured section B (turbine exit)
N = rotational speed boundary of the computation do- C = measured section C (stator exit)
P = static pressure main of an element f = friction .
P: = ;ggﬂlfressure & = shock loss coefficient p= c'irculatory ((i:f)mf)onent (a direc-
= - : tion perpendicular to measure-
s = distance along the design path (a 2 - celfaf:lcslif;cy mentp li;pe or computation mesh
line that bisects the cross-sectional - . . line from shell to core in meridi-
area in the meridional plane), start- T, = input torqzue capacity coefficient onal plane)
ing from upstream boundary and (= TJ/NY) ¢ = shock
. — loci
ending at downstream .boundary of w - ar}gu.]ar velocity § = tangential component
the computation domain of an ele- { = friction loss coefficient S s, L A s
(i, j =i = 1: pump; = 2: turbine; =
ment X ; _ .
_ . 3: stator; j = 1: inlet; = 2: exit
T = torque (=TT Subscripts
t = torque ratio (= T,/T, :
U = peripheral velocity 0 = reference position (design path po- Superscript
V = absolute velocity sition at pump exit) * = nondimensional
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Fig. 2 Characteristic curves of torque converter

grid distribution in the computational field for a total of about
68,000 grid cells.

The wall function for the velocity vector was used to reduce the
grid points near the wall. A cyclic boundary condition was im-
posed on both peripheral boundaries outside a blade passage. The
computation is performéd on one element after another along the
flow direction in a manner where either velocity or pressure is
given as the inlet and exit boundary condition of each element.
Computed pressures and velocities in each iteration are averaged
circumferentially, transferred to the adjacent element and used as
the boundary condition of the next iteration (Fig. 4).

The solution is assumed to have converged when all the nor-
malized residuals of the mass and the momentum conservation
equations are less than 107> and the rate of change in mass flow
rate in two consecutive circulatory iterations is less than 107°,
Typically, about 12 hours of CPU time were required to obtain a
converged solution on an SGI INDIGO2-IMPACT (R4400, 250
MHz) for about 168,000 grid cells in total.

Several types of grid systems were used to evaluate the grid
number dependence of the computational results. Figure 5 shows
the grid number dependence of the solution in terms of the element

Table 2 Rotational speed of pump and turbine

Speed ratio Pump Turbine
0 1414rpm Orpm

0.6 1596rpm 957rpm

0.8 1860rpm 1486rpm

Fig. 3 Computational grid
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Fig. 4 Interface boundary conditions

efficiencies. The comparison suggests that a grid-independent so-
lution was obtained with more than about 170,000 grid cells in
total.

Uncertainty in Experiment

The flow blockage effect, caused by the presence of any type of
probes, on the torque transmission capacity T, was less than 4%,
which means circulatory flow rate decreased by at most 4% due to
the blockage of the probe. A correction in the measured velocity
and flow angle could be employed, however, such correction was
not made here in order to avoid complexity. It was judged that the
original flow field was almost entirely maintained even if a probe
was present. Pressures from the five-hole Pitot tubes were trans-
mitted to semiconductor transducers through the shortest tubes
possible and the system showed a flat frequency response charac-
teristic to 2 kHz in the design calculations. Although the flow was
unsteady, the pressure data obtained were treated under the as-
sumption of quasi-steady flow (Matsunaga et al., 1980).

The level of unsteady fluctuations measured by the probe varied
with torque converter operating condition and measuring point.
Generally speaking, the relative magnitude of velocity and pres-
sure unsteadiness (RMS value of fluctuating quantities divided by
time mean value) was 5-10% and 2-5% for the pump exit, and
4-7% and 2-3% for the turbine exit. The blade passing frequency
of the pump (higher than that of the turbine) was at most 960 Hz
in the measurement. Therefore, the fluctuation up to at least the
second harmonic was captured, which was thought to be enough to
evaluate the major part of the fluctuation. A set of 1,024 data were
sampled at each measuring point and mass-averaged using instan-
taneous circulatory flow velocity at the point.
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Fig. 5 Grid number dependence of solution
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Calibration curves for the five-hole probes were approximated
by high-order polynomials so that the deviation of the approxi-
mated results from the measured data would fall within a 1% band
with 95% confidence. Uncertainty of the pressure measurement
obtained with the pressure transducers used in the experiment was
estimated at 0.2%. Uncertainty of the steady flow velocity calcu-
lated from the pressure measured with the five-hole probes was
estimated at 3%, based on the uncertainty of the pressure mea-
surements and the uncertainty of the flow angles measured during
the calibration process using the standard procedures (Kline,
1985).

The static pressure inside the torque converter was neither
measured nor subtracted from the pressure measured by the five-
hole probe. The probe was not calibrated for the range of static
pressure variation. However, the effect of static pressure on the
probe characteristics is regarded as negligibly small because the
working fluid inside the torque converter was pressurized enough
to avoid cavitation near the probe.

Note that a small error in the angle measurement can result in
large error in resolved velocity components at the pump exit (Dong
et al., 1998). This is because the absolute velocity is much larger
than the relative velocity since the blade peripheral velocity is very
high. The measurement error of the relative flow angle at the pump
exit was estimated at about six times as large as that at the turbine
exit, judging from the velocity triangles. Uncertainty of the relative
flow angle at the pump and turbine exit was estimated as 12 and
*2 deg, respectively.

Results and Discussion

Circulatory Velocity Distribution. Figures 6 to 8 show the
nondimensionalized tangentially mass-averaged circulatory veloc-
ity distribution for e = 0-0.8 at the pump exit, the turbine exit,
and the stator exit, respectively. Here, the circulatory velocity V,
is defined as a component whose direction is perpendicular to the
measurement line from the shell (outer channel wall) to the core
(inner channel wall) in the meridional plane.

The velocity distribution from the shell to the core at the pump
exit for ¢ = 0 resembles a profile of two-dimensional turbulent
channel flow. It shows even more peaky and asymmetric profiles
with growth in the velocity deficit near the core as the speed ratio
e increases, i.e., at a lower flow rate (Fig. 6). In contrast, the
distribution has flatter profiles at the turbine exit for all speed ratios
tested (Fig. 7). Note that a small deficit in velocity is observed at
the core in the lower speed ratio range.

Figures 8(a)-(b) show the velocity distribution in the contour
profiles at the stator exit for e = 0 and 0.8, respectively. It is seen
from Fig. 8(a) that flow deviated toward the shell on the suction
surface. The cause of this deviation is thought to be that inflow to
the stator has a large positive incidence angle while keeping a large
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Fig. 7 Circulatory velocity distribution at turbine exit

downward pitch angle. The velocity peak moved slightly toward
the core surface at ¢ = 0.8 (Fig. 8(b)), and the biggest difference
between the two figures is that it has a flatter distribution at e =
0.8.

Exit Flow Angle. Figure 9 shows the exit flow angle « mass-
averaged from the shell to the core of the three elements, together
with the exit blade angle 8. The deviation angle (la ~ Bl) was
around 8 deg for the pump and the turbine regardless of the speed
ratio, whereas it was about 10 deg in the higher speed ratio range
and tended to increase in the lower speed ratio range for the stator.
These results can be explained as follows. The pump and turbine
blade passages are long and their deviation angle at the exit is not
likely to be influenced by the flow rate and the inlet flow angle so
much, whereas the stator blade passage is apt to be influenced by
the inlet flow condition as its axial cascade solidity is around 1.0
and the inlet flow angle itself varies significantly (see Fig. 17).

Head. The theoretical head of the pump, H,, actual head of
the turbine, H,, and head loss of the three elements, A, &,, and h,
(all nondimensional), are defined as follows and were obtained by
mass-flow averaging of the velocity and pressure data measured
with the Pitot tubes for each section.

_ 20,(raVoa — rcVoc)

Hy = (row1)2 M
2w5(FaVaa — rsVen)
2 (Vow1)2 (2)
2(PTA - PTC)
hy=H, — ol €)]
Core Core
Vp/(rowi) Vp/(re w1)
/ A8
b 4/ / /o .2/._
05 / o —
0/ 5| |2 / 2§
@ 07/ B| |8 B
g 08 @ |& 024 3

Shell Shell

(a) e=0 (b) e=0.8

Fig. 8 Circulatory velocity distribution at stator exit
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Figure 10 shows the composition of each head over the speed
ratio range tested. The combined head loss of the three elements
equals the difference between the theoretical head of the pump and
the real head of the turbine. It should be noted that the head loss
of the pump was the greatest of the three in the higher speed ratio
range (¢ > 0.6) while the loss of the stator increased abruptly in
the lower speed ratio range (e < 0.2).

Efficiency. The individual hydraulic efficiencies of the pump,
turbine and stator, m,, 1,, and 7, are defined by the following
expressions:

(PTA - Prc)

= 6

™ pw(raVos — rcVoc) ©
sz(rAveA — raVip)

= 7

2 (PTA - PTB) ( )

(PTB - PTC)
=1- g 8
W= B = Pr) ®

The following relation then holds true between the hydraulic
global efficiency m and my, 7,, and 7, as the hydraulic global
efficiency is defined as the ratio of output power to input power.

2.0,’L e,
H, h

P

H2

1.5

Fig. 10 Head and head loss
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Overall efficiency mqy was calculated from the following ex-
pression based on the torquemeter and tachometer readings. Here,
T, and T, were obtained by compensation of mechanical losses in
the bearings and the oil seals (measured beforehand), disk friction
loss between the turbine shell and the casing, and windage loss
(using empirical formula).

Tz(l)z
Nrm = T\,

(10)

Figure 11 shows the hydraulic efficiency of each element and
hydraulic global efficiency derived from Eq. (9). Pump efficiency
was the lowest of the three elements in the speed ratio range (e >
0.6) where vehicles are operated most frequently in everyday
driving. The overall efficiency 7, defined by Eq. (10) showed
lower values by 2-3 points in this speed ratio range. It is mainly
because the number of measuring points was finite and they did not
cover the flow fields near the shell and the core where considerable
losses occurred. It is partly because the leakage flow not only
between the elements (within the core) but also between an ele-
ment and the external flow field was disregarded in the measure-
ment.

Friction Loss Coefficient. The loss model in the one-
dimensional flow model employed in the literature (Ishihara, 1955)
consists of the friction loss, A, and the shock loss, k,;, which are
given by the following expressions:

hﬁ = {i(W?,l + Wi2,2)/2/(r0w1)2

hy = Cbi{(ri,lwi =V, tan Bi,l) - (ri—1,2wi—l
= Vyciptan )« (rio o/ 1) (rgw))* (12)

an

]
1

Here, a suffix indicates one of the three elements (pump or
turbine or stator). If i = 1 (pump), then “i — 1” means stator. If
i = 2 (turbine), then “i — 1” means pump. For example, V,,_,
means V, at the pump exit if i = 2. Figures 12-14 show the
calculated values of (h; + hj;) for the three elements along with
the experimental values of ;. These values were calculated on the
basis of the averaged circulatory velocity in measured section B
for all elements, taking {; as a parameter. The values of ¢, used in
the calculations were ¢, = ¢, = 1.0 and ¢; = 0.5.

The experimental value of {, stayed around 1.0 in the range of
e = 0-0.5, whereas it appeared to increase to 1.5-2.0 in the
higher speed ratio range. The value of {, remained as low as 0.5
over the entire tested speed ratio range because the turbine was of
the acceleration cascade type and a serious separation was not
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likely to occur there. The value of {; increased to as great as
1.5-2.0 in the lower and higher speed ratio ranges.

Flow Visualization. The loss generation mechanism for the
pump and stator, which both showed considerable variation of the
apparent friction loss coefficients, was investigated by flow visu-
alization near the blade passage walls.

Figures 15(a)-(b) show photographs of the visualized flow
pattern on the core and suction surfaces of the pump impeller at
speed ratios of 0.6 and 0.8, respectively. A low Kinetic energy
region is apparent in both cases over the corner where the suction
and core surfaces intersect. The separation begins just behind the
inlet and the separated width increases gradually along the stream-
wise direction for e = 0.6 (the separation area is smaller for e <
0.6), whereas the separation area is much larger for e = 0.8 than
for e = 0.6. (Separation lines are shown in the sketches.) Reverse
flow is also observed in the fore part of the region in both cases.
The increase in the apparent friction loss coefficient for the pump
from e = 0.6 to 0.8 is thought to be directly related to the growth
in the low kinetic energy region noted above, as a significant low
kinetic energy region was not found anywhere else in the pump.
Similar growth in the low kinetic energy region in the higher speed
ratio range was also observed in the LDV measurements reported
by Brun et al. (1996).

The separation condition observed in the visualized flow near
the stator blade surface in the three speed ratios is summarized in
Table 3. In this table, the definition of trailing edge separation
includes not only the separation near the trailing edge but also the
separation on the latter half of the blade surface. It is seen that
leading edge separation occurred in the lower and higher speed
ratio ranges, where the friction loss coefficient for the stator
increased. Photographs of the visualized flow on the pressure
surface (leading edge separation) and on the suction surface (trail-
ing edge separation) of the stator at e = 0.8 are shown in Fig.
16(a)-(b) as examples.

Figure 17 shows the one-dimensional velocity vectors on the

h ol 225 N i i 1

0.4

0 0.2
Fig. 13 Head loss for turbine
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Fig. 14 Head loss for stator

design path at the stator inlet, which are based on measurements
made with the five-hole Pitot tubes. The inlet flow angle varied
significantly from o = 49 deg (e = 0) to &« = —39 deg (¢ = 0.8).
Therefore, it is only natural that large-scale separation would occur
on the suction surface at ¢ = 0 and on the pressure surface at ¢ =
0.8 because of the excessive incidence angle of the stator, even
though a relatively thick blade profile was employed. This obser-
vation well explains the visualization results in Table 3. A large-
scale separation results in an apparent increase in the friction loss
coefficient for the stator in Fig. 14 as the shock loss only simulates
a small-scale separation near the leading edge (it often reattaches
and forms a separation bubble) (Senoo, 1984).

CFD Analysis. In order to better understand the loss genera-
tion mechanism in the pump, three-dimensional viscous calcula-
tions were performed through the three elements. A total of
166,800 grid cells (26 X 30 X 80: pitch X span X longitude for
the pump and turbine, 28 X 30 X 50 for the stator) were used in
the calculations.

Main Stream. Figures 18(a)~(b) show the computed nondi-
mensional circulatory velocity distribution from the shell to the
core in five cross sections (0/4—4/4) in the pump at ¢ = 0.6 and
e = 0.8, respectively. Here, the circulatory velocity V,, is defined
as a component whose direction is perpendicular to the computing
mesh line from the shell to the core in the meridional plane. The
circulatory velocity near the core tends to decrease in the range
from the inlet (0/4) to the middle (2/4) of the passage and the
distribution becomes more nonuniform as the speed ratio in-
creases, whereas the distribution is relatively uniform near the exit
(4/4) at both speed ratios. The corresponding experimental data in
Fig. 6 do not show such a fully developed flow profile at e = 0.6
and 0.8. It is probably because the computation was conducted
with the k-e turbulence model, which is based on high Reynolds
number flow, whereas the actual flow in the torque converter was
low Reynolds number turbulent flow.

Figure 19 shows the computed relative inlet flow angle distri-
bution at three speed ratios together with the blade inlet angle. The
incidence angle is negative over almost the entire span ate = 0.05
and e = 0.6 as the flow rate is distant from that of the design point.
The incidence angle shows a small negative value from the mid-
span to the shell at e = 0.8 as the speed ratio is near that of the
design point, whereas it displays a large positive value near the
core. This large positive incidence angle is caused mainly by the
circulatory velocity deficit near the core noted above, and partly by
the large peripheral velocity of the pump impeller near the core.

Figure 20 shows the computed nondimensional circulatory ve-
locity distribution from the shell to the core in four cross sections
(1/4—4/4) in the stator at ¢ = 0.8. The distribution is relatively
uniform just behind the stator inlet (1/4), whereas the velocity
deficit near the core increases in the downstream direction (toward
the pump), which means the circulatory velocity deficit in the
pump ranges to the middle of the stator passage upstream in the

JUNE 1999, Vol. 121 / 271

Downloaded 03 Jun 2010 to 171.66.16.147. Redistribution subject to ASME license or copyright; see http://www.asme.org/terms/Terms_Use.cfm



(a) e=0.6

Fig. 16 Visualized flow patterns in pump

pump. The inlet loss and the velocity reduction loss increase
toward the core at ¢ = 0.8 because the stator works as a decel-
eration type cascade and the incidence angle has a larger negative
value. The earlier leading edge separation near the core on the
pressure surface is verified in Fig. 16(a).

Figures 21(a)-(b) show the computed circulatory velocity dis-
tribution in the middle and the exit cross sections of the pump,
respectively. Reverse flow’is observed near the core on the suction
surface in the middle of the passage while no reverse flow is seen
at the exit. This is because the flow is decelerating in the fore half,
but is accelerating in the latter half as the test impeller was of the

Table 3 Separation condition

Suction surface
L.E. separation
T.E. separation
T.E. separation

Speed ratio| Pressure surface
0 No separation

0.6 No separation

0.8 L.E. separation

(b) Suction surface

(a) Pressure surface

Fig. 16 Visualized flow patterns In stator at e = 0.8

Suctior,

P" esg Ure

Slle”o"

[
0.4 oSsure
-

e=0.8

Fig. 17 Velocity vectors at stator inlet
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forward lean type. The area of flow reversal is smaller in the
middle of the passage at e = 0.6 compared with that at e = 0.8,
but the tendency is the same at both speed ratios.

Flow Near the Wall. Figures 22(a)—(b) show the computed
secondary flow vectors on the core and suction surfaces of the
pump at e = 0.6 and ¢ = 0.8, respectively. The magnitude of the
arrows was nondimensionalized by the mean circulatory velocity
at the pump exit. Compared with the corresponding visualized
results in Fig. 15, the computation results show satisfactory pre-
diction of the major features of the flow pattern. Qualitative but
essential characteristics of the flow pattern were simulated by the
computations, including: (1) the location of a low kinetic energy

Shell
Core
0 0.1 0.2 0.3 0.4 0.5
Non-dimensional circulatory velocity V/(row1)
(a) e=0.6
Shell
Core
0 0.1 0.2 0.3 0.4 0.5
Non-dimensional circulatory velocity Vp/(row1)
(b) e=0.8

Fig. 18 Circulatory velocity distribution in pump
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Fig. 18 Relative flow angle at pump inlet

region covering the core and suction surfaces, (2) the growth of the
region from e = 0.6 to 0.8, and (3) the presence of reverse flow
in a fore part of the region.

A secondary flow, the velocity of which has a component going
from the pressure to the suction surface on the core surface and
from the core to the shell surface on the suction surface, is seen in
the fore part of the region. Another secondary flow, the velocity of
which has a component going from the shell to the core surface on
the suction surface, is seen in the latter part of the region, on the
contrary.

Loss Distribution. Figure 23 shows the nondimensional roth-
alpy change distribution from the inlet to the exit, (AZ)*, where the
rothalpy change from the inlet, Al, was normalized by the theo-
retical head of the pump, H,. s* is the distance nondimensional-
ized by the full length of s. The leading edge corresponds to about
s* = 0.05, and the trailing edge corresponds to about s* = 0.95.
A concentrated loss occurs just behind the inlet due to a so-called
shock loss. The following region where the slopes of the curves are
less steep than in the inlet region corresponds to the area where
reverse flow occurs. The slopes of the curves become more mod-

Shell e ey
44 } 24174
Core et
0 0.1 0.2 0.3 0.4

Non-dimensional circulatory velocity Vp/(row1)

Fig. 20 Circulatory velocity distribution In stator at e = 0.8

Pressure

(a) middle (b) exit

Fig. 21 Nondimensional circulatory velocity distribution in cross sec-
tions of pump at e = 0.8
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Suctlon Suction

(b) e=0.8

Fig. 22 Computed secondary flow vectors in pump

erate after the reverse flow region and reach the exit with a smaller
loss. The large change in rothalpy observed just behind the exit is
due to the mixing loss resulting from the mixing of the boundary
layers on the pressure and suction surfaces. The figure indicates
that the nondimensional rothalpy change at ¢ = 0.6 was lower
than that at e = 0.8 at the exit, which means the pump efficiency
was lower for ¢ = 0.6 than for e = 0.8. This tendency coincides
with the experimental result of 7, in Fig. 11.

Figures 24(a)~(b) show the computed nondimensional rothapy
change distribution in the two major cross-sections, middle and
exit for e = 0.6. The lowest rothalpy change occurred near the
corner where the suction surface and core surface intersected. The
lowest rothalpy change was more on the suction surface in the
middle of the passage, whereas it was more on the core surface at
the exit.

Flow in the boundary layer of the radial impeller is generally
dominated by the pressure field of the main stream corresponding
to the centrifugal force due to the stream line curvature on the
meridional plane (MC force), similarly to flow within elbow, the
Coriolis force due to impeller rotation (CO force), and the centrif-
ugal force due to the stream line curvature on the blade-to-blade
surface (BC force), as shown in Fig. 25(a) (Tsujita et al., 1996).

The main stream axially enters the pump impeller and flows
nearly radially through most of the passage as in an ordinary radial
impeller. The combined effect of the CO force and BC force in the
main stream is the blade loading (i.e., the pressure difference
between the blade pressure and suction surfaces). Fluid with lower
velocity than that of the main stream flows from the pressure

everse flow(e=0.6) |
kg

reverse flow(e=0.8

0.4 0.6 0.8 1.0

g*

0.2

Fig. 23 Nondimensional rothalpy change distribution from inlet to exit
in pump
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Fig. 24 Nondimensional rothalpy change distribution in cross sections
of pump at e = 0.6

surface to the suction surface, as the total of the two forces in the
slow fluid is smaller than that of the main stream and does not
overcome the pressure difference between the pressure and the
suction surfaces (Fig. 25(a) (ii)). The MC force drives the fluid on
the blade surfaces towards the core (Fig. 25(a) (i)). There is more
accumulation of low kinetic energy fluid on the suction surface in
the middle of the passage in Fig. 24(a) because the total of the CO
force and BC force is larger than the MC force.

The main stream turns from the radial to the axial direction
towards the exit, where the blade loading approaches zero. As a
result, the secondary flow shown in Fig. 25(b) (ii) is very weak.
Low kinetic energy fluid accumulated more on the core surface at
the exit in Fig. 24(b) because the radial pressure gradient in-
creased, as the MC force due to the stream line curvature in the
meridional plane was added by the CO force, 2W,w, and the
centrifugal force, Wi/r (RC force), both stemming from the for-
ward lean exit angle of the impeller (Fig. 25(b) (i)).

Figures 26(a)—(b) show the computed secondary flow vectors in
the two major cross-sections, middle and exit for e = 0.6 in the
pump. The figures are viewed from the upstream of the pump
impeller, and the length of vectors are normalized by the peripheral

<fotation.
Shell

-
-

Core

Shell

Suction

Pressure
Suction
Pressure

Core

(i) tnduced by CO and BC forces

(a)middle

(i} Induced by MC force

rotation

(il) Induced by CO(@Wrw)

(i) Induced by MC, CO(2Wo w)
and BC forces

and RC(We'lr) forces

(b)exit

Fig. 25 Schematic of typical secondary flow patterns in cross sections
of pump
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Fig. 26 Computed secondary flow vectors In cross sections of pump at
e=06

velocity of the pump exit, row,. A clear secondary flow, whose
vorticity is clockwise, is found in the middle of the passage on the
one hand (Fig. 26(a)). A stronger secondary flow, whose vorticity
is counter-clockwise, is found in the exit of the passage on the
other hand (Fig. 26(b)). The behavior of the low kinetic energy
fluid in the vicinity of the comer, where the suction surface and
core surface intersected (Figs. 24(a)—(b)), can be well explained by
these secondary flows.

Concluding Remarks

e The individual performance of the three torque converter
elements, which has rarely been discussed so far, was defined and
evaluated on the basis of flow data measured with five-hole Pitot
tubes. The head loss was the highest and efficiency the lowest for
the pump in the speed ratio range where vehicles are most fre-
quently operated in everyday driving.

¢ Calculations performed with a one-dimensional flow model
revealed that the apparent friction loss coefficient of the turbine
was nearly constant over the entire tested speed ratio range,
whereas the coefficients of the pump and stator varied consider-
ably according to the operating speed ratio.

o Flow visualization by a liquid-resin film method revealed
that an increase in the apparent friction loss coefficient of the pump
in the higher speed ratio range was directly related to an increase
in the area of a low kinetic energy region spreading over the corner
where the suction and core surfaces intersected. The increase in the
apparent friction loss coefficient of the stator in the lower and
higher speed ratio ranges was caused by leading edge separation
on the suction and pressure surfaces, respectively.

e Flow in the pump in the higher speed ratio range was
analyzed numerically by using a general CFD code. The results
predicted that a circulatory velocity deficit occurred near the core
at the pump inlet, which ranged to the middle of the stator passage.
Reverse flow was also computed near the core on the suction
surface in the middle of the passage while no reverse flow was
seen at the exit. The computation results of the flow pattern near
the core and suction surfaces showed good qualitative agreement
with flow visualization indications. The results predicted the loss
distribution from the inlet to the exit and indicated that the pump
efficiency was lower for ¢ = 0.6 than for e = 0.8, which
coincided with the measured results. The results also showed that
the low kinetic energy region was more on the suction surface in
the middle of the passage, whereas it was more on the core surface
at the exit.

o The procedure presented here is useful not only in improving
performance prediction accuracy for the torque converter but also
in determining a direction for design improvement. In the next
stage of the study, it will be necessary to make more detailed
measurements and more accurate computations of flow in the three
elements.
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Experimental Study on the
Aeroacoustic Behavior of a
Forward-Curved Blades
Centrifugal Fan

In this paper, an aeroacoustic study on a forward-curved blades centrifugal fan has been
carried out. As a first step, the fan performance curves, i.e., total pressure, power,
efficiency and sound power level versus flow rate were obtained, showing its unstable
behavior over a wide operating range. Second, the fan sound power level spectra for
several working conditions were determined. For this purpose a normalized installation
Jor testing in laboratory was designed and constructed. Afterwards, the velocity and
pressure fields, both at the inlet and outlet planes of the impeller were measured using hot
wire probes and pressure transducers, for different operating conditions. Finally, the
aeroacoustic behavior of the fan was determined measuring the vorticity field at the
impeller outlet, which is known to be related to tonal noise generation. This relation is
worked out using the theory of vortex sound, developed by several authors during the
second half of this century. The paper shows that the generation of tonal noise is produced
at the blade passing frequency and it increases with the flow rate. Although the main
contribution to fan noise generation is due to mechanical sources, the bands in which
aerodynamic noise is generated by these fans correspond to frequencies especially
unpleasant to the human ear. Therefore, the research presented in this paper may be of
considerable interest, establishing a starting point for the design of quieter and more
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efficient fans.

Introduction

Forward-curved blades centrifugal fans usually exhibit instabil-
ity phenomena, which reduce their operating range. A basic feature
of their impellers is the inefficient flow guiding, as a result of the
short radial length of the blades and their strong curvature. Usu-
ally, this effect is counterbalanced by a greater number of blades.
Such an arrangement can cause the flow to stall, even at design
conditions. A perturbation at the inlet or at the outlet planes can be
amplified, giving rise to flow instabilities both in the fan and in the
system. Cau et al. (1987) show in their work that the poor design
of the flow channel in these fans causes a severely distorted
primary flow, with early flow separation on the suction side at both
design and low flow rates. They ascribed the inefficiencies of these
machines to the sharp axial to radial bend, to the large inlet gap
between inlet cone and impeller shroud and to the poor matching
between impeller outlet and volute.

Most of the studies on aerodynamic noise generated by moving
blades are based on the acoustic analogy (Lighthill, 1952). Another
interesting theory, used in this work, is Powell’s theory of vortex
sound (1964), that expresses noise generation as a function of
velocity and vorticity fields. Thompson and Hourigan (1992) made
a prediction of the blade passing tone of a centrifugal fan by
solving the Powell’s wave equation using a finite element method.
The acoustic forcing term was derived from experimental velocity
data obtained by Shepherd and Lafontaine (1992) using a Particle
Image Velocimetry (PIV) method.

In the solution of the wave equation presented by Ffowcs
Williams and Hawkings (1969), some terms are identified with
the different aeroacoustic generation mechanisms which appear
when solid surfaces are moving: quadrupolar noise, related to
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turbulence shear stresses; dipolar noise, produced by steady and
unsteady forces exerted by the moving surfaces on the flow; and
monopolar or thickness noise, due to the volume displacement
of the moving surfaces. Among the above mentioned mecha-
nisms, the main contribution to the noise generated by fans is
due to the forces acting on the blades, vanes and casing,
produced by their interaction with the turbulent flow. Forces on
the blades can be periodic or random, and so the resulting sound
field will have either discrete or broad band components (Neise,
1992). Discrete components due to this mechanism are pro-
duced at the blade passing frequency and their harmonics as
usually encountered in industrial fans.

In this paper, an experimental study of the aeroacoustic behavior
of a forward-curved blades centrifugal fan is carried out. First, the
fan performance curves and the fan sound power level were
measured. Second, the vorticity field was calculated from velocity
and pressure measurements and it was used to explain some noise
generation features of the fan, using Powell’s theory to relate noise
generation to aerodynamic phenomena.

Performance and Noise Testing

The tests were made on a simple aspirating centrifugal fan. The
shrouded rotor has an inlet diameter of 300 mm, an outlet diameter
of 400 mm and a width of 150 mm. It has 38 forward-curved
blades and is driven by an AC 9.2 kW motor. The impeller rotates
at 1460 rpm with a fluctuation level lower than 0.5 percent for the
whole range of the analyzed flow rates. The volute has a width of
248 mm.

Figure 1 shows a sketch of the fan with the main dimensions
expressed in mm. The minimum distance between the fan impeller
and the volute is 50 mm at the tongue. The inlet blade angle is 0
deg with respect to the radial direction and therefore there is
non-zero incidence and flow separation occurs for all the flow
conditions. The outlet blade angle is 74° relative to the radial
direction. The fan inlet is open to the ambient air.
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Fig. 1 Test fan

A test facility was designed and built following British Standard
BS 848: Part 1 (1980) and BS 848: Part 2 (1985). In this way, the
same facility could be used to measure the fan performance curves
and the fan acoustic behavior. Figure 2 shows a sketch of this test
facility with its main elements. After leaving the fan, air passes
through a straightener in order to remove the swirl generated by
the fan; the measurement instruments were placed at sections A
(static pressure) and B (flow rate and sound pressure level). At the
end of the facility, an anechoic termination removes undesired
noise reflections and the regulation cone permits to modify the fan
operating point.

The performance curves and the SWL spectra were obtained
following the procedures indicated on the already mentioned Brit-
ish Standards. The flow rate was measured with a Pitot-static tube,
placed at section B, using the traversing method described in the
Standard. Static pressure was measured using a differential ma-
nometer with one side connected to four wall tappings evenly
distributed at Section A and the other side open to the atmospheric
pressure in the laboratory. Velocity head was deduced from the
flow rate and the duct cross section.

The following uncertainties were established for the measured
and calculated magnitudes:

—Differential total pressure: *=1.4% (+21 Pa).

SECTIONA  SECTION B
FAN 1 l
——
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ANECHOIC
TERMINATION

REGULATION
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Fig. 2 Test faclility
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Fig. 3 Total differential pressure and efficiency versus fiow rate

—Flow rate: £2% (£0.06 m%/s).

—Shaft power: =2% (*0.19 kW),

—Sound power level: ranges between *1.6 dB and >4 dB de-
pending upon the frequency band considered:

Frequency (Hz) Uncertainty (dB)

50 3.5

63 3.0

80 2.5

100 2.5

125 2.0

160 to 2500 1.6
3150 to 4000 2.0
5000 2.5
6300 to 8000 2.5
10000 4.0

Figure 3 shows differential total pressure and efficiency against
the flow rate and Fig. 4 shows shaft power and sound power level
(SWL) versus flow rate. Qo refers to the flow rate at the best
efficiency point and Efo refers to the corresponding efficiency. The
values obtained for these variables were Qo = 1.7 m®/s and Efo =
0.63. On the differential total pressure curve a wide zone with
positive slope, in which some aerodynamic unstable phenomena
may appear, can be observed. Furthermore, the design point,
corresponding to the highest efficiency falls within that zone,
revealing an unsuitable fan design. The references consulted by the
authors mention the following aerodynamic instability phenomena
which are responsible for the increase in noise generation and level
of mechanical vibrations and the decrease in aerodynamic perfor-
mance: flow separation in the blade channels, reverse flow and
prerotation at fan suction. The shaft power curve increases with the
flow rate, thus causing a drive overload when working at high flow
rates during long periods of time.

The sound pressure level was measured with a Briiel & Kjaer

Nomenclature
¢, = sound velocity u = velocity field without the acoustic U = blade speed at rotor exit
Ef = efficiency fluctuations 0 = tangential coordinate
Efo = maximum efficiency V = absolute velocity p = density
p = pressure V, = radial component of the absolute po = density of the mean flow
p' = pressure fluctuation velocity @ = vorticity field without the acoustic
0 = flow rate V., = mean radial component of the ab- fluctuations
Qo = deS}gn flow rate solute velocity w, = axial component of vorticity
r = radial coordinate V,, = tangential component of the abso- Q = impeller rotation velocity
SWI; = :i(;;.lmd power level lute velocity
= time
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Fig. 4 Shaft power and SWL versus flow rate

modular sound level meter with a level 1 precision. A % in.
microphone protected with a nose cone was used. The sound level
meter incorporates analogical filters and a frequency analysis mod-
ule. The fan sound power level was obtained using the sound
pressure levels measured and the procedure described in the al-
ready mentioned British Standard.

In the SWL curve shown in Fig. 4, higher levels were measured
at the lower flow rates. The lowest value of this level corresponds
with the highest value of efficiency, and after that point, its value
increases slightly with the flow rate.

Figure 5 shows the SWL spectrum measured at 40 percent of the
design flow rate. Noise at low frequencies is dominant and the
band with the highest value includes the impeller rotational fre-
quency (25 Hz band). Its fifth harmonic (160 Hz band) is also
clearly shown, while the blade passing frequency, included in the
1000 Hz band, contains much less power when compared to the
lower frequencies.

On Fig. 6 the SWL spectrum measured for the design point is
plotted. Even though low frequency noise is remarkably reduced in
comparison with the previous case, the most predominant fre-
quency is again the impeller rotational frequency; (its second and
fifth harmonics can also be clearly observed). The level of the fifth
harmonic is invariable with the flow rate, indicating a mechanical
origin of the noise generated in this band. The levels of the blade
passing frequency and its second harmonic are still small if com-
pared to the lower frequency levels. Moreover, the measured
pressure distribution around the impeller exit did not reveal a
significant axisymmetry that could explain the behavior at low
frequencies. This behavior is not apparent in other fan geometries
for which the blade passing frequency is dominant. As was stated
by Neise (1992), this is not the typical behavior of an industrial
fan: in backward-curved bladed fans with a better aerodynamic
design, a bigger contribution of the tonal noise at the blade passing
frequency should be expected.

50 80 125 200 315 500 800 1.25 2K 3.156 6K 8K
Frequency (Hz)

Fig. 5 SWL spectrum, 0.4 x Qo
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Fig. 6 SWL spectrum, Qo

Figure 7 shows the evolution of the SWL for the impeller and
the blade passing frequency with the flow rate. The noise generated
at the impeller rotational frequency exhibits its lowest values
between 1 and 1.4 times the design flow rate, and increases
dramatically at lower flow rates. Regarding the blade passing
frequency, the generated noise is much lower than its value at the
impeller rotational frequency for all the flow rates investigated
showing a lowest value at 0.7 times the design flow rate. Below
that value the level increases slightly and above that value the level
increases remarkably. The noise generated at the blade passing
frequency (so-called tonal noise) is mainly due to the interaction
between the blades wakes and the volute tongue. It is well known
(Neise, 1992) that for industrial fans, when the flow rate increases,
the wakes become bigger and this noise also increases.

Aerodynamic Testing

For three operating conditions (the design flow rate Qo, 0.4 X
Qo and 0.7 X Qo, all included in the positive slope zone of the
total pressure curve), the flow field at the impeller exit plane was
measured. For that purpose, pressure and velocity signals were
measured on two radial locations, taking measurements on 12
circumferential points evenly distributed on each location (Fig. 8).
The inner location (named I) has a radius of 210 mm and the outer
location (named E) has a radius of 240 mm. These measurements
were taken at mid span; in addition, the spanwise variation of the
flow field was obtained by taking velocity measurements in dif-
ferent axial positions for several circumferential points. Although
the tangential component was found to be almost constant over the
rotor width, the radial component decreased clearly at both impel-
ler width ends.

Pressure signals were taken with a Briiel & Kjaer 4135 }”
microphone, for which the frequency response and pressure range
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Fig. 7 SWL versus flow rate
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Fig. 8 Measurements points and absolute velocity vectors at impeller
outlet, 0.7 x Qo

were 20 kHz and 2 + 107 — 6400 Pa, respectively. The micro-
phone was calibrated using the Briiel & Kjaer 4230 sound level
calibrator and was placed at 90 deg to the flow direction, only
protected with its standard grid. The uncertainty of the pressure
measurements was estimated to be =1 dB (£2.3 X 107° Pa).

To measure the radial and the tangential components of the
absolute velocity at the impeller exit, a two-wire probe was used.
Hot wire anemometry is able to get the two-dimensional character
of the flow with a high temporal resolution (Comte-Bellot, 1976).
A direct calibration procedure of the probe was selected. It is
possible to derive two calibration coefficients to represent flow
angle and velocity magnitude changes. The variation of these
coefficients is established through an angular calibration and the
resulting curves were used instead of the response equations of the
wires. Full details of the calibration procedure and the methodol-
ogy used can be found in Blanco-Marigorta et al. (1998) and
Velarde-Sudrez (1997). For the two-wire probe, the angular and
velocity uncertainties were estimated to be 2 deg and 2 percent,
respectively. The probe support has a diameter of 4 mm. The wires
are in a plane perpendicular to the axis of the support and they
form an angle of 120 deg. The length of the wires is 2 mm and their
diameter 5 um; therefore, their aspect ratio is 400. The minimum
distance between the wires is 1 mm. These dimensions can be
compared to the impeller blade span: 33 mm, and the distance
between the impeller and the volute tongue: 50 mm.

Velocity data were acquired with the anemometer IFA-100 of
TSI Inc. and registered with the digital recorder STOREPLEX
DELTA of RACAL Recorders Ltd. Apart from the wires signals,
a one pulse per revolution trigger signal was also acquired. This
signal helps to delimit the impeller revolutions in the wires signals.
Then, data were introduced in a personal computer using an
analog-to-digital card DAS16/330i of ComputerBoards Inc. Data
were stored in files and transformed according to the calibration
charts of the probe to obtain the flow velocity and the flow angle.
The data acquisition frequency was chosen equal to 11.4 kHz per
channel (380 points per revolution) to obtain a good resolution and
the filtering frequency was set at 5 kHz per channel, to avoid
aliasing.

Pressure and velocity measurements were also taken at the inlet
of the fan by placing an aspiration duct. Contrary to what could be
expected from the literature survey, they did not reveal the exis-
tence of inlet reverse flow or prerotation in the flow rate range
under analysis.

Figure 8 shows the mass-averaged absolute velocity field for
0.7 X Qo, at two radial locations at the outlet of the impeller,
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which were placed 10 mm and 40 mm from the impeller exit plane
in the radial direction. Data were averaged for 20 impeller rota-
tions. The measurement positions were at the middle plane of the
impeller width. The mean absolute flow velocity at the impeller
outlet was split up in the impeller tip velocity, U = 32 m/s, and
the mean relative flow velocity, thus obtaining the mean relative
flow angle, which is compared in Fig. 9 to the blade outlet angle,
both measured with respect to the radial direction, for all the
circumferential positions.

Figure 10 shows the absolute velocity field pitch-averaged, at
point 6 of the inner circumferential location. 20 rotor revolutions
were averaged to obtain these results. The radial component, V,,
was normalized using the mean value V,,, of that component at that
radial location for all the 12 measurement locations. The tangential
component, V,,, was normalized using the impeller tip velocity.
The numbers 1, 2. .. refer to evenly distributed points between
two impeller blades. The jet-wake structure is not so clear as in
backward-curved blades centrifugal fans, although the presence of
the blade wakes can be observed in both velocity components for
all the measured flow rates. Behind the wake, both components
have a minimum. The tangential component increases with the
flow rate, as expected as these flow rates belong to the unstable
zone, in which total pressure increases with flow rate. Figure 11
shows the same distributions as Fig. 10 but at point 10 of the inner
radial location. The jet-wake structure is not so clear as in the
previous case. Whereas at point 6 the normalized radial component
remains higher than 1, at point 10 is always lower than 1, revealing
a flow asymmetry around the impeller outlet.

Figure 12 shows the frequency spectrum of the tangential ab-
solute component corresponding to 0.7 X Qo at point 5 of the
inner radial location. In this figure, the peaks due to the blade
passing frequency and its second harmonic can be clearly ob-
served. However, the jet-wake structure and the peak due to the
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blade passing frequency are not so clear at all the circumferential
positions, showing a lack of flow uniformity around the impeller
outlet, Broad band components appear in the circumferential po-
sitions closer to the volute tongue, whereas the peak due to the
blade passing frequency disappears.

Aeroacoustic Coupling

Once the flow was determined, some of the aerodynamic fea-
tures observed were to be related to the fan noise generation, by
means of Powell’s equation (1964):

1 9%’ , ..

PR Ap' = p, V(& X &) ¢
where p’ represents the acoustic pressure fluctuations. Lighthill’s
analogy considers the flow field as a superposition of a small
amplitude fluctuating sound field and a nonperturbed aerodynamic
field that generates the fluctuating field. Powell’s equation is an
alternative to Lighthill’s analogy that relates the change with space
and time of the pressure fluctuations to the unperturbed aerody-
namic field.

With the measurements taken only in two radial locations, the
source term on the right hand was not fully determined because no
derivative could be made in the radial direction. Therefore, the
aeroacoustic coupling was studied using only the axial component
of the vorticity, w,. This vorticity component was obtained using
Crocco’s formulation of the Euler’s equation:

3171+Vp+V2 = - Xu 2
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Fig. 12 Spectrum of the tangential component of velocity, 0.7 X Qo,
Point § /
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Considering the circumferential component of that equation, w,
can be calculated as follows:

WV, 19

p .V )
ot Trae\pt2) = Ve @)

p
Chu et al. (1995) make a similar approach to obtain the pressure
field in a centrifugal pump, using Particle Displacement Velocim-
etry (PDV) to obtain velocity and vorticity fields.
The time derivative of the tangential component is estimated by
the following quotient:

éKr‘gz V{g(” +1) - Vrg(n)
at At

“

where V,,(n) and V,,(n + 1) are two values acquired at consec-
utive instants at a fixed circumferential position, and Ar is the
inverse of the acquisition frequency.

The spatial derivative in the circumferential direction of the total
pressure is represented by the following quotient:

) v?

_(£+__ﬁ)

a0 \p 2
_1pa+ 1) =pm) 1Vn+1) - Vi)
T p Af 2 Af

where p(n), p(n + 1), V(n) and V(n + 1) are values acquired at
consecutive instants. In this case, the angular step A6 is calculated
taking into account that the signal at point (n + 1) is equivalent to the
signal at point (n), but displaced Az in time, i.e., AG = Az X ().

A computer code based on Eq. (5) was written in C language in
order to calculate the vorticity field starting from the experimental
data of pressure and velocity fields. The vorticity was calculated
for all the measurement points and for the three flow rates studied.
The maximum uncertainty for the vorticity was estimated to be
four percent. A trigger signal activated with the impeller rotation
was used in order to ensure a right synchronization between
pressure and velocity signals. Once the time evolution of the
vorticity was computed, a Fast Fourier Transform (FFT) algorithm
was applied in order to obtain the corresponding spectra.

Figure 13 shows the evolution of the vorticity, normalized with
the impeller rotation velocity and mass-averaged over the circum-
ferential extent of a blade channel at point 6 of the outer plane. The
jet-wake structure can be observed again, mainly for increasing
flow rates. Zones of high levels of vorticity (in absolute value)
correspond approximately with the wake zone, whereas low abso-
lute values of the vorticity correspond with the central core of the
flow between the blades. In Fig. 14, the vorticity spectrum for the
same position is plotted for 0.4 X Qo, and Fig. 15 shows the
spectrum for the same point and Qo. In the former, the broad band
components prevail, although the peak due to the blade passing
frequency can be appreciated. This peak is clearer in the latter
spectrum in which even the second harmonic can be appreciated
(around 2000 Hz). As with the velocity field, the vorticity field
exhibits substantial changes among the different positions. Only
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Fig. 13 Axial component of the vorticity in a blade channel
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broad band spectra were obtained in the circumferential positions
closer to the volute tongue, thus not revealing any peak due neither
to the blade passing frequency nor to its second harmonic.

The vorticity spectra did not show relevant peaks at low fre-
quencies, which could imply that the noise generated at those
frequencies has not aerodynamic origins.

Conclusions

An experimental characterization of the flow field in a forward-
curved blades centrifugal fan with unstable performance curves
was carried out. The flow field measurements allow the study of
the aerodynamic noise generated by the fan, which can be related
to the vorticity and velocity fields at two impeller exit radial
locations.

The fan sound power level spectrum was measured, from which
it can be concluded that the main contribution to the noise was the
impeller rotational frequency. On the other hand, the tonal noise
due to the blade passing frequency was much lower compared to
the normal behavior of an industrial fan with a better aerodynamic
design. Blade passing frequency is dominant in the velocity spec-
tra, and its effects decrease with flow rate, although in the vicinity
of the volute tongue the spectra contains broad band components
at lower frequencies.
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Regarding the flow field at the two impeller exit radial locations
considered, there is great asymmetry, with considerable changes in
both magnitude and direction among the different circumferential
positions. In particular, big differences appear between the circum-
ferential locations closer to the volute tongue and the other ones.

Finally, the aerodynamic features were related to the fan noise
generation. The vorticity field shows that the main contribution to
the fan noise is the blade passing frequency, although with great
differences with respect to the flow rate and position around the
impeller. As the velocity field, the vorticity spectra contain broad
band components in the vicinity of the volute tongue. These results
agree with the reduced importance of the tonal noise at the blade
passing frequency in the sound power level spectra.

Analyzing the vorticity distributions and spectra, it can be
concluded that the tonal aerodynamic noise is produced at the
blade passing frequency, and to a lesser extent, at its second
harmonic, increasing with the flow rate. Some other features of the
noise spectra (the supremacy of noise at the impeller rotational
frequency and at other low frequencies) were not related to aero-
dynamic phenomena, so they may be caused by mechanical
sources. However, the tonal noise has to be reduced and has to be
investigated because it occurs over a range of frequencies espe-
cially unpleasant to the human ear. Therefore, the research opened
with this work may be of considerable interest, establishing a
starting point for the design of quieter and more efficient fans.
Although the results obtained in this work could be extrapolated to
some other forward-curved bladed fans, the influence of key de-
sign parameters such as blade angles, blade number, blade aero-
dynamic loading, distance to the volute tongue and some others
identified in the course of the research, has still to be studied.

Acknowledgments

This work was supported by the Research Project “Estudio de
los mecanismos aerodindmicos de generacidn acistica en ventila-
dores axiales,” Ref. PB-TDI97-01, FICYT, Asturias, Spain.

References

Blanco-Marigorta, E., Ballesteros-Tajadura, R., and Santolaria, C., 1998, ““Angular
Range and Uncertainty Analysis of Non-Orthogonal Crossed Hot Wire Probes,”
ASME JOURNAL OF FLuibs ENGINEERING, Vol. 120, pp. 90-94.

British Standard BS-848, 1980, “Fans for General Purposes. Part 1. Methods of
Testing Performance.”

British Standard BS-848, 1985, “Fans for General Purposes. Part 2. Methods of
Noise Testing.”

Cau, G., Mandas, N., Manfrida, Nurzia, F., 1987, “Measurements of Primary and
Secondary Flows in an Industrial Forward-Curved Centrifugal Fan,” ASME JourNAL
oF FLuIDS ENGINEERING, Vol. 109, pp. 353-358.

Chu, S., Dong, R., and Katz, J., 1995, “Relationship Between Unsteady Flow,
Pressure Fluctuations, and Noise in a Centrifugal Pump-Part A: Use of PDV Data to
Compute the Pressure Field,” ASME JourNAL oF FLuibs ENGINEERING, Vol. 117, pp.
24-29.

Chu, S., Dong, R., and Katz, J., 1995, “Relationship Between Unsteady Flow,
Pressure Fluctuations, and Noise in a Centrifugal Pump-Part B: Effects of Blade-
Tongue Interactions,” ASME JourRNAL OF FLUIDS ENGINEERING, Vol. 117, pp. 30-35.

Comte-Bellot, G., 1975, “Hot-Wire Anemometry,” Annual Review of Fluid Me-
chanics, Vol. 8, pp. 209-231.

Ffowcs Williams, J. E., and Hawkings, D. L., 1969, “Sound Generation by
Turbulence and Surfaces in Arbitrary Motion,” Proceedings of the Royal Society,
Series A, Vol. 264, pp. 321-342,

Lighthill, M. J., 1952, “On Sound Generated Aerodynamically. 1. General Theory,”
Proceedings of the Royal Society, Series A, Vol, 211, pp. 564-587.

Neise, W., 1992, “Review of Fan Noise Generations Mechanisms and Control
Methods,” Proceedings of the SFA Symposium on Fan Noise, Senlis, France.

Powell, A., 1964, “Theory of Vortex Sound,” Journal of the Acoustical Society of
America, Vol. 16,

Shepherd, 1. C., and Lafontaine, R. F., 1992, “Measurement of Vorticity Noise
Sources in a Centrifugal Fan,” Proceedings of the SFA Symposium on Fan Noise,
Senlis, France.

Thompson, M. C,, and Hourigan, K., 1992, “Prediction of the Noise Generation in
a Centrifugal Fan by Solution of the Acoustic Wave Equation,” Proceedings of the
SFA Symposium on Fan Noise, Senlis, France.

Velarde-Sudrez, S., 1997, “Comportamiento Aeroacistico de Ventiladores In-
estables” (in Spanish), Ph.D. thesis, Univ. of Oviedo, Spain.

JUNE 1999, Vol. 121 / 281

Downloaded 03 Jun 2010 to 171.66.16.147. Redistribution subject to ASME license or copyright; see http://www.asme.org/terms/Terms_Use.cfm



A. C. Mueller
Graduate Student.

Method

S. A. Kinnas

Associate Professor.

Propeller Sheet Cavitation
Predictions Using a Panel

A boundary element method is used to predict the time-dependent cavitation on a

ECJ 8.502, Ocean Engineering Group,
Department of Civil Engineering,

The University of Texas at Austin,
Austin, TX 78712

g-mait; kinnas@mail.utexas.edu

propeller subject to nonaxisymmetric inflow. The convergence of the method is studied.
The predicted cavities agree well with those observed in CAPREX, an experiment
performed at MIT’s variable pressure water tunnel. The method is modified so that
prediction of cavities detaching at mid-chord regions is possible. An algorithm for
predicting the cavity detachment location on the blade is described and applied on a blade

geometry which exhibits mid-chord cavitation.

Introduction

In recent years, the design of high speed marine vehicles has
become increasingly competitive. The design of efficient propul-
sion systems is a very important aspect of the overall design
process. However, as these vehicles attain higher speeds, cavita-
tion can become an inhibitor to the propulsion systems. The need
for accurate modeling of cavitation is clear since accurate predic-
tion of the cavities may result in better propulsor designs.

Recent advancements in the propulsor design industry have
placed heavier demands on the available modeling tools. For
example, a well-designed propulsion system will permit cavitation
if higher efficiencies and speeds can be obtained. In extreme cases,
racing propellers may have only a few uses because of the ex-
tremely high amount of permitted cavitation. This class of propel-
lers in particular, is often designed to exhibit mid-chord cavitation
(Vorus and Mitchell, 1994) in order to reduce the cavity thickness
and subsequently the cavity drag. Mid-chord or bubble cavitation
may also appear on modern, conventional propeller blade designs.
Tip-vortex (developed or incipient) and face cavitation are also
very common in modern propeller designs.

With the advent of faster computers, the development of codes
with “more involved” modeling has become possible. A vortex and
source lattice method based on a linearized cavity model was
available as early as 1979 (Lee, 1979). The corresponding com-
puter code is called PUF-3. This method was modified to include
the leading edge corrections which accounted for the non-linear
effect of the blade thickness on the cavity size (Kerwin and
Kinnas, 1986; Kinnas, 1991). The option for prescribed cavity
detachment downstream of the blade leading edge was also im-
plemented in PUF-3 Kinnas and Fine, 1989). A list of more recent
versions of PUF-3 may be found in (Kinnas et al., 1997).

A cavitating propeller computer program using a boundary
element method (BEM or panel method) was developed in 1992
(Kinnas and Fine, 1992; Fine, 1992). The method implemented a
nonlinear cavity model and also allowed for prescribed cavity
detachment. While the vortex and source lattice method’s predic-
tions seem to be close to those of the boundary element method for
some cases, the latter method always offers a more accurate
modeling of the flow at the leading edge and of the blade
thickness/loading coupling. The boundary element method
(PROPCAV)" also provides a better foundation for future im-

' The boundary element method will also be referred to as “PROPCAV,” the
name of the corresponding computer code.
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provements, such as the modeling of the developed tip-vortex,
face, and mid-chord cavitation.

In the present work, the effect of the grid parameters on PROP-
CAV'’s predicted results is studied for a recent propeller design.
The predicted cavity shapes are compared to those observed at an
experiment performed at MIT’s variable pressure water tunnel. In
an effort to model mid-chord detachment, a method is proposed
and implemented in PROPCAV. Since no universally accepted
definition for mid-chord detachment exists, we will loosely define
it here as detachment of the cavity “well behind” the leading edge
of the propeller blades. The present method uses the predicted
pressure distributions from the wetted (non-cavitating) run in order
to formulate an initial cavity detachment line.” This detachment
line is used in PROPCAV (with cavitation allowed) and adjusted
accordingly until the resulting cavity thickness is positive every-
where on the cavity and the pressures on the wetted blade are
larger than vapor pressure. The method is used to predict the
mid-chord detachment line for a given blade geometry.

Formulation

A propeller subject to a general inflow wake,® § yu, is shown in
Fig. 1. The following equations are more extensively described in
(Kinnas and Fine, 1992). They are summarized here for complete-
ness.

The goal of the mathematical formulation is to determine the
velocity, g, at any point on and near the propeller blade. With the
velocity known, it is then possible to determine pressures, blade
forces, thrust and torque coefficients, and the formation of water
vapor due to low pressures (cavitation). In the coordinate system
(xp, ¥p, Zp), which rotates with the propeller, the velocity vector,
g, can be expressed as a sum of the local inflow velocity, §,,, and
the perturbation potential velocity (the velocity induced by the
propeller), §p.q, as follows:

é = éin + ZIper! (1)

In the case of inviscid flow, the perturbation velocity can be
expressed in terms of the perturbation potential, ¢, as follows:

Gper =V €3]

The inflow velocity, g;,, with respect to the propeller fixed system
can be expressed as the sum of the inflow wake velocity, § yu., and
the propeller’s angular velocity, @, at a given location, 7:

> The detachment line is the locus of points on the blade where cavitation
begins (also referred to as detachment locations),

" The inflow wake is the “effective” wake to the propeller, ie., it includes the
interactions between the vorticity in the nominal wake and the propeller.
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Fig. 1 Propeller subject to general inflow wake. The propeller fixed (X,
Ve, Zp) and the inertial (x, y, 2) coordinate systems are shown.

2'Iin = éwake + I-IJ X ; (3)

The perturbation potential, ¢, satisfies Laplace’s equation in the
fluid domain:

Vip=0 4

Green’s third identity is applied to solve the potential problem on
the blade and cavity surface, S, and on the trailing wake sheet, W:

2 = o (1 4¢ 1 as + A o (! w &

=P P \r) Ty ®on\r) W O
N w

Several boundary conditions are needed to determine ¢:

e The kinematic boundary condition is applied on the wetted
part of the blade:

éo¢
5’;'— “qin R (6)

The dynamic boundary condition is applied on the cavity surface:
P = P vapor (7)

The Morino Kutta condition is applied at all spanwise locations of
the blade trailing edge (Morino and Kuo, 1974):

Adrg = (P;E —¢rp=T )]

The closure condition is applied at all spanwise locations of the
cavity trailing edge.

6§=0 &)

7. and ¢y, are the potentials at the blade trailing edge of the
suction side and pressure side, respectively, and I is the circulation
around the blade at the same spanwise location. 8 is the cavity
height at the trailing edge of the cavity. Equation (5) and these
boundary conditions, Egs. (6), (7), (8), and (9), determine the
perturbation potential on the cavity and blade.

Once ¢ has been evaluated, the pressures are determined via
Bernoulli’s equation:

a¢ P 1 P, 1
AT ) i, a2
+—+ = 1gl°+ gy P + 2 1

a p 2 (10)

where P is the pressure at a point on the blade or cavity, gy is the
hydrostatic term, and P., is the pressure at the level of the propeller
shaft. Equation (10) is based on the Bernoulli equation with respect
to a rotating system of coordinates (Batchelor, 1967). Note that the
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right-hand side of Eq. (10) only contains the pressure at the level
of the shaft due to the assumption that the inflow pressure obeys
the hydrostatic law. If a point on the blade and the blade angle, 65,
are specified, then the terms gy, and & are known. 9/t is
evaluated numerically via a backward finite differencing scheme
(Fine, 1992). Thus, with all terms accounted for, it is possible to
solve for P. Hence, it is possible to examine pressures at any point
on the blade. A derivation of Eq. (10) may be found in Mueller
(1998). .

As shown in Kinnas and Fine (1992), the dynamic boundary
condition, Eq. (7), is equivalent to having known values of ¢ on
the cavity. The Green’s identity, Eq. (5), is then solved with
respect to ¢ on the wetted blade and d¢/dn on the cavity.

The pressure coefficient, C,, is defined as:

P=re an
])E

P oap

2nD

where D is the diameter of the propeller and » is the rotational
frequency (rev/s) of the propeller. The cavitation number, o, is
defined similarly:

P w T P vapor

g, =E—— (12)
gn 2 D 2

such that cavitation will occur whenever:

-C,=zao, (13)
The advance ratio is defined as:

J, = v, 14
s nD ( )

where V, is the ship speed.

The cavity heights can be determined by applying the kinematic
boundary condition on the cavity surface. It should be noted at this
point that in order to determine the cavity shape an iterative
process is required as described in Kinnas and Fine (1993). How-
ever, in that work of Kinnas and Fine (1993) it was found that the
cavity shape from the first iteration (when the panels are located on
the blade under the cavity) is very close to the cavity shape
determined from the iterative process.

Vd).;"c: —éin.ﬁc (15)
where 7, is the normal vector on the cavity surface. By executing
the dot product in Eq. (15) and by expressing 7, in terms of the
derivatives of 2 (Kinnas and Fine, 1993), the following partial
differential equation can be obtained:

dh|[ad 9
a[a—f+qs—cos[3<£+qu)i|
oh o i}
+6—v[£+qﬂ—cosﬁ(a—i)+qs)]

= sin* B <%% + q,,) 16)

where h is the cavity height. The unit vectors, 5, v and # depend
on the geometry of the panel. The vector 7 is normal to the blade,
while the vectors 3, and © are tangent to the blade. The angle
between the vectors § and ¥ is 8. The panel coordinate system is
shown in Fig. 2. The values ¢, q,, and g, are the components of
¢in expressed in the local coordinate system.

Equation (16) is integrated to provide the cavity heights. Finite
difference approximations for the derivatives, (dh/ds) and
(9h/dv), are used to determine the heights at all panels. In general,
the heights at the trailing edge of the cavity at each radial section
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Fig. 2 The local panel coordinate system showing 8, ¥, 1 and 8. The
vectors & and ¥ are formed by the lines connecting the mid-points of the
lines connecting the panel vertices. The vector 7 is normal to 3 and ¥.

will be nonzero unless the cavity lengths have been guessed
correctly. The value of the height at the trailing edge of the cavity
at a particular radial section is designated as 8. When the cavity
lengths (at each radial section) are adjusted and the problem is
solved again, the values of 6 will change. Thus, the problem must
be solved in an iterative manner. The secant method is used to
provide subsequent guesses for cavity length. A correct guess of
the cavity length will yield a value of 8 which is small. After
several iterations, the cavity will close on the blade or wake to
within a certain tolerance, 8,,. Figure 3 shows a cavity that has
closed to within this tolerance. The algorithm which solves for the
potential and determines the cavity planform is described in more
detail in (Fine, 1992).

After a solution is obtained at a particular blade angle (or
timestep), the propeller will then “click” one timestep to the next
blade angle where the problem is solved in the same manner, but
possibly with different inflow conditions.

Solution Convergence

Comprehensive studies of the convergence of the predicted
cavity planforms from PROPCAV were performed by Fine (1992)
and Fine and Kinnas (1993). The convergence of the predicted
cavity planforms and cavity volume from PROPCAY is investi-
gated for a recent propeller design (DTMB N4990), the geometry
of which is given in Appendix A. The code was run under unsteady
conditions. A non-uniform inflow wake was used. Figure 4 shows
the nondimensionalized velocity in the x-direction. The velocities
are nondimensionalized by the ship speed and the y and z axes are
nondimensionalized by the propeller radius.

In the method, the effect of the other blades on the key blade is
accounted for iteratively over several propeller revolutions until
convergence is achieved. The effect of the number of revolutions
on the results is shown in Fig. 5. The graph should be read from
left to right; the program’s earlier revolutions are to the left of the
graph. Fifty panels were used in the chordwise direction of the
blade (includes upper and lower surfaces) with ten panels in the
spanwise direction. This is denoted as 50 X 10. As the figure
shows, a converged solution was reached after the first two revo-
lutions. This is indicated by the “leveling off” of the maximum

Blade

8tol

Fig. 3 Cavity closure condition
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Fig. 4 Inflow velocities in the X-direction. The velocities are nondimen-
sionalized by the ship speed, V,.

cavity volume for the last three revolutions. Slightly better con-
vergence is seen for the final two revolutions (as indicated by the
extremely similar shapes near the bases of the last two peaks). This
indicates that 2.5 revolutions are required for convergence. If
slightly better convergence is desired (especially during the cavity
collapse stage), then 3.5 revolutions may be required. For the runs
mentioned in this paper, at least 2.5 revolutions were completed.

The effect of the panel discretization on the predicted cavity
volume and planform is shown in Figs. 6 and 7. Figure 6 shows
that there is a slight difference in the predicted cavity volume for
the 50 X 10 panel configuration. However, the convergence of the
predicted volumes has been achieved for panel configurations with
60 X 12 or more panels. Also, the predicted cavity planforms,
shown in Fig. 7, are quite similar in shape, even when comparing
the 50 X 10 run to the 80 X 16 run. The cavities plotted in Fig. 7
occur at a blade angle of 30 deg, where the cavity volume reaches
its maximum value, as indicated by Fig. 6. Table 1 shows the
computational requirements for the above runs. All runs were done
on a DEC Alpha 600-5/266.

The run times of PROPCAV have recently been reduced by
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Fig. 5 Cavity volume history through 4.5 revolutions. for the N4990
propeiler. 50 x 10 panels. J; = 1.0. o, = 3.0.
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Fig. 6 Cavity volume plot for final revolution for 50 x 10, 60 x 12, 70 x
14, and 80 x 16 panel configurations. Blade angle of 0 degrees is the top
of propeller revolution. N4990 propeller. J; = 1.0. o, = 3.0.

modifying the cavity length computation algorithm. A complete
description of the modifications to the code is given by Mueller
(1998).

Experimental Validation

PROPCAYV was used to predict the cavitation for the David
Taylor Model Basin N4148 propeller. This propeller was recently
tested at MIT’s water tunnel in a screen generated non-
axisymmetric inflow (Mishima et al., 1995). The geometry of
N4148 is given in Appendix A. The predicted cavity shapes from

60x12

Fig. 7 Cavity shapes for blade angle of 30 degrees for 50 x 10, 60 x 12,
70 x 14, and 80 x 16 panel configurations. N4990 propeller. J; = 1.0.
o, = 3.0.

Table 1 CPU times and RAM requirements for different
panel configurations

Paneling CPU Time RAM required
50 X 10 29 min 65 Meg
60 X 12 1.0 hr 92 Meg
70 X 14 1.6 hr 128 Meg
80 X 16 2.6 hr 175 Meg

Journal of Fluids Engineering

PROPCAYV are shown in Figs. 8 and 9 together with the photo-
graphs from Mishima et al. (1995) for two different conditions.
PROPCAV used the corresponding inflow wake in order to take
into account the effects of the tunnel walls (Choi and Kinnas,
1999). The advance ratio based on tunnel speed was 0.91. The
advance ratio in PROPCAYV has been adjusted for thrust identity
with the experiment (Young and Kinnas, 1999). A more compre-
hensive investigation of the modeling of the tunnel walls is given
in (Choi and Kinnas, 1999).

The computer generated results agree fairly well with the ex-
perimental observations as shown in Figs. 8 and 9. Some disagree-
ment exists near the blade tip. PROPCAYV has over-predicted the
sheet cavitation near the tip. As seen in the lower part of Figure 8,
the tip-vortex cavity and the sheet cavity “connect” to each other
near the tip at the blade angle of —30 deg, but not at the other blade
angles. In Fig. 9, the vortex and sheet cavity almost connect at —30
deg. The tip-vortex cavities and sheef cavities seen in the photos
appear to interact with each other in a seemingly unpredictable
manner. This behavior -is completely missed by the present
method. The present cavity model is inaccurate at the tip region
and therefore the predictions in this region are unreliable. Com-
parisons with the same photographs were also made with the
results of HPUF-3AL (a more recent version of PUF-3) (Choi and
Kinnas, 1999), and the predicted cavity shapes also agreed well
with the observed, except at the tip.

Mid-Chord Detachment

A critical assumption for most cavitating propeller models is
that the cavity always begins at the leading edge of the propeller
blade. For most applications, this is a fair assumption. Propellers
are often designed so that cavitation begins at the leading edge,
thereby avoiding the potentially harmful effects of mid-chord or
bubble cavitation. In some cases though (such as high speed, high
efficiency propellers), the propelter can benefit from a non-leading
edge detachment. Mid-chord cavities generally tend to be much
thinner than leading edge cavities, thereby creating less cavity
drag. If these characteristics are desired, then the designer will
look for the “flat” pressure distributions that are typical of mid-
chord cavitation (Vorus and Mitchell, 1994). These “flat distribu-
tions” can also be found in modern, conventional propeller designs
and may lead to either mid-chord or bubble cavitation (Jessup et
al., 1994). In all of these cases, the assumption of leading edge
detachment is grossly invalid.

PROPCAV has (since its creation) had the ability to allow the
user to specify a constant chordwise cavity detachment location.
The user may specify (in terms of a panel number) the position on
the strips that cavity detachment occurs. Figure 10 shows an
example of leading-edge detachment and detachment at 2.4 per-
cent x/C.

For the case on the left of Fig. 10, detachment was forced at the
leading-edge of the propeller blade. For the case on the right of the
same figure, detachment was specified on the third panel. That is,
the cavity detached at 2.4 percent of the chordlength at each strip.
The figure clearly shows the effect of the detachment location on
the predicted cavity extent. A shorter cavity can be seen in the case
of detachment downstream of the leading edge. This cavity also
has smaller thickness and volume than the cavity that detached at
the leading edge. A similar trend was reported by Kinnas and Fine
(1989). Note that neither of these runs predicts the correct detach-
ment location; they simply demonstrate how the cavity shape may
be affected by moving the detachment locations.

PROPCAV is first refined so that the detachment location is
determined via an iterative algorithm. A mid-chord cavitating
propeller, MC-1, was studied using a nonconstant detachment line.
The geometry of MC-1 is given in Appendix A. An appropriate
advance ratio (J, = 1.04) was chosen so that flat pressure
distributions occurred on the suction side. For this investigation,
PROPCAYV was run in a steady mode (uniform inflow wake with
the gravitational and time varying potential terms set to zero).
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Fig. 8 Comparison of PROPCAV’s prediction to the experimental observations. o, = 2.58, Panel Configuration: 60 x 15.

Figure 11 shows the pressure distribution for the wetted (non-
cavitating) run of the propeller, MC-1.

Note that the contour legend shows the higher values of —C,, as
the lighter shades. The lighter the contour plot, the more likely
cavitation is to occur. Recall from Eq. (13) that cavitation will
occur whenever —C,, exceeds a,. Thus, if our cavitation number
is anywhere between about 0.8 and 1.45, mid-chord cavitation is
likely. Accordingly, if the cavitation number is specified as o, =
1.22, it is possible to determine (as an initial guess) where the
cavity is likely to detach based on the wetted pressure distribution.
PROPCAYV numerically determines this detachment line by per-
forming a simple search at each strip. Figure 11 shows this initial
detachment line superimposed on the figure. Note that it is simply
the panel node nearest the leading edge with a value of — C, which
is greater than or equal to 1.22.

The prediction of the detachment line based on the wetted
pressure distribution is not sufficient. It is true that for the cavita-
tion number of 1.22, cavitation will develop whenever —C, is
greater than 1.22. However, the development of a cavity on the
blade alters the flow around the blade. The cavity itself must be
considered when computing the flow around the blade. The de-
tachment line must be solved in an iterative fashion, just as
PROPCAV solves for the cavity shape using a different iterative
algorithm.

Following two fuily wetted revolutions of the propeller, PROP-
CAYV began the cavitating computations based on the initial de-
tachment line. After the cavity computations are completed at a
given blade angle, the detachment line is modified based on the
results at that blade angle. The cavitating pressure distributions for
the initial and final location of the detachment line are shown in
Figs. 12 and 13. The detachment location at a particular strip is
adjusted according to the following criteria:

o If the cavity at the strip has negative thickness, then the
detachment location is moved toward the trailing edge of the
blade.

0=30"

0=-30"

o [f the pressure at the strip is below vapor pressure at a point
upstream of the cavity, then the detachment location is
moved toward the leading edge of the blade.

These criteria when applied in two dimensions are equivalent to
the Villat-Brillouin cavity detachment condition (Villat, 1914,
Brillouin, 1911).

After several revolutions of the propeller, the detachment line
begins to “stabilize”; major adjustments to the detachment line do
not occur. In this case, the stabilization of the detachment line
occurred after five cavitating revolutions of the propeller blade.
With the method, it is possible to have a slight “back and forth”
movement of the detachment locations at certain strips. This oc-
curs when the detachment location is continually adjusted first
according to the height criterion, and then according to the pres-
sure criterion (or vice versa). The authors consider these adjust-
ments to have only a slight impact on the final solution. They are
presently considered acceptable. A “split panel” refinement of the
detachment location would alleviate this behavior. A similar split
panel refinement was described by Kinnas and Fine (1993).

The cavity shape for the final detachment line is shown in Fig.
14. Because of the nature of mid-chord cavitation, the cavity is
plotted using a different method than that used to show the other
cavities in previous sections of the paper. A black line on a strip
indicates a thin cavity. If the cavity at a strip is thick enough, one
can see the thickness with offsets normal to the blade surface. The
predicted pressures appear to be larger than vapor pressure every-
where on the wetted blade. Also, the converged cavity thicknesses
after the third revolution are non-negative (although they are
remarkably thin). Figure 15 compares the cavity heights at the
third strip from the hub for the first and final revolutions of the
propeller.

The predictions of mid-chord cavitation by PROPCAV are
based on a sheet cavitation model. Consequently, these predictions
of mid-chord cavitation should be considered susceptible to errors
because of bubble or cloud cavitation that can occur in these

8=-30 0=30"

i
;

75c="0'160=1"*

Fig. 9 Comparison of PROPCAV’s prediction to the experimental observations. o, = 2.91, Panel Configuration: 60 x 15.
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Fig. 10 Cavity shape predicted with detachments at leading-edge (left)
and x/C = 2.4 percent (right). The propeller is N4990 with 60 x 12 panels.
o, = 3.0. Js = 1.0,

regions. PROPCAV cannot predict when bubble cavitation will
occur; the modeling of bubble and cloud cavitation is a very
complex problem not addressed in this paper. However, coupling
these results with observations of a cavitating propeller experiment
may provide insight into these phenomena. This is further dis-
cussed in the Future Work section.

Conclusions

The cavity volumes predicted by the boundary element method
were found to converge quickly with the number of revolutions for
the DTMB N4990 propeller. The panel configuration had a slight

-Cp
1.35
1.3

Fig. 11 Pressure distribution, wetted (non-cavitating) run. Propeller
MC-1. J; = 1.04. Also shown is the initial detachment line for o, = 1.22.

Fig. 12 Cavitating pressure distribution for initial detachment line.
o, =1.22
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Fig. 13 Cavitating pressure distribution for final detachment line.
o, = 1.22 :

impact on the volumes, but minimal impact on the cavity plan-
form.

The results of the boundary element method were successfully
correlated with the cavitation experiment performed at MIT. Near
the tip region, however, the BEM was found to overpredict appre-
ciably the amount of cavitation. Recent extensions, refinements,
and comparisons with experiments, can be found in Kinnas et al.
(1998) and in Young and Kinnas (1999).

An iterative method was implemented into the BEM in order to
predict mid-chord sheet cavitation. The criteria for choosing the
detachment location are the existence of positive cavity thick-
nesses and pressures everywhere on the wetted surface which are
greater than vapor pressure. Note that this method considers in-
viscid flow. Viscous phenomena can have an effect on the cavity

Fig. 14 Predicted cavity shape for final detachment line
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E
g‘o.m r '5 or
Detall of Cavity
o008 |- ool Leading Edge
of . 1 L
01 0.2 03 04 05 08 07 08 08 1 0.2 0.3 04
xXic Xic
Fig. 16 Cavity heights on the third strip from the hub for the first and

final cavitating revolutions
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detachment as was shown by Franc and Michel (1985). In order to
locate the detachment location based on the criterion of Franc and
Michel (1985), the boundary layer on the propeller blades must be
solved. This could be done in PROPCAY in a stripwise sense, but
the additional computation and memory requirements would
greatly increase the program’s run times. A two-dimensional
boundary layer solver coupled with a panel method has been
applied on cavitating hydrofoils by Brewer and Kinnas (1997).

Future Work

e Continue testing and improving the mid-chord cavitation
model. Test the model for an unsteady flow case and a
supercavitating propeller.

e Improve modeling of developed tip-vortex cavitation. Work
is underway in this area.

e Validate modeling of mid-chord cavitation. Compare the
cavitation predictions with experimental observations of
mid-chord or bubble cavitation. Correlate predictions with
other observed phenomena such as bubble and cloud cavi-
tation. Combined analysis and experiments could lead to an
answer of the fundamental question: How thin must a cavity
be in order to transform from mid-chord sheet to bubble
cavitation?
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APPENDIX A

Propeller Geometries

Table 2 The geometry of MC-1. 3 blades. NACAG66 thickness
distribution. & = 0.8 meanline camber distribution

r/R PID CID fic t/D
0.200 1.000 0.174 0.0351 0.02865
0.250 1.000 0.202 0.0369 0.03600
0.300 1.150 0.229 0.0368 0.04410
0.400 1.351 0.275 0.0348 0.04410
0.500 1.351 0.312 0.0307 0.03600
0.600 1.359 0.337 0.0245 0.02865
0.700 1.350 0.347 0.0191 0.02190
0.800 1.150 0.334 0.0148 0.01575
0.900 0.800 0.280 0.0123 0.01010
0.950 0.600 0.210 0.0128 0.00720
1.000 0.300 0.000 0.0120 0.00440

NOTE: The geometry of this propeller has been exaggerated to some extent
so that mid-chord cavitation will be likely in certain regions (middle of the
blade). Structurally, this propeller is unsound, but from a modeling per-
spective, it is a useful tool for these initial stndies of mid-chord cavitation.

Table 3 The geometry of DTMB N4990. 5 blades. NACA66
thickness distribution. & = 0.8 meanline camber distribution

r/R PID Rake Skew CID fic t/D

0.30 1.183 —0.0004 0.00 01776 - 0.00202  0.04442
0.35 1.360 -0.0123 —-4.53 02099  0.00533  0.03820
0.40 1.516 -0.0237 -7.53 02412  0.01059  0.03377
0.45 1.642 —0.0338 —9.21 0.2714 0.01657  0.03121
0.50 1.731 -0.0414 =975 03020  0.02297 0.03041
0.60 1.795 —-0.0458 -796 03620  0.02980  0.02929
0.70 1.719 -0.0395 —3.12 04200 0.02834 0.02780
0.80 1.547 —0.0278 412 04690 002036  0.02533
0.90 1.341 —0.0141 1341 04650  0.00932  0.02102
0.95 1.245 —0.0072 18.82 03900  0.00333  0.01642
1.00 1.163 0.0000 2474 00010 -—.00270  0.00000

Table 4 The geometry of DTMB N4148. 3 blades. NACA66
thickness distribution. « = 0.8 meanline camber distribution

r/R PID CiD fic tD
0.2000 0.9921 0.1600 0.0174 0.0329
0.3000 0.9967 0.1818 0.0195 0.0282
0.4000 0.9987 0.2024 0.0192 0.0239
0.5000 0.9975 0.2196 0.0175 0.0198
0.6000 0.9944 0.2305 0.0158 0.0160
0.7000 0.9907 0.2311 0.0143 0.0125
0.8000 0.9850 0.2173 0.0133 0.0091
0.9000 0.9788 0.1806 0.0125 0.0060
0.9500 0.9740 0.1387 0.0115 0.0045
1.0000 0.9680 0.0010 0.0000 0.0000
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Jjet was studied using surface electrical probes. Its mean velocity at different distances
from the leading edge was determined and its role in promoting the unsteadiness of the
sheet cavitation and generating large cloud shedding was demonstrated. The effect of
gravity on the dynamics of the re-entrant jet and the development of interfacial pertur-
bations were examined and interpreted. Finally, control of cloud cavitation using various
means, such as positioning a tiny obstacle (barrier) on the foil surface or performing air
injection through a slit situated in the vicinity of the leading edge, was investigated. It was

shown that these were very effective methods for decreasing the amplitude of the
instabilities and even eliminating them.

1 Introduction

Designers of hydromechanical systems try to avoid all sources
of instability because the induced vibrations may lead to serious
structural damages. Sheet cavitation can develop on the rotor or
stator blades of pumps and may exhibit, under specific conditions,
an unstable behavior characterized by the periodic shedding of
vapor structures. This situation, usually referred to as “cloud
cavitation,” generates nondesirable vibrations. Thus, it is of prac-
tical interest (i) to define the operating conditions leading to such
a behaviour and to know the associated shedding frequencies, (ii)
to determine the generation mechanisms of instability in order to
control cloud cavitation or, at least, to have a comprehensive
understanding of the physical processes leading to it.

Knapp et al. (1970), in his comprehensive study on cavities
attached to a two-dimensional body, pointed out the existence of a
re-entrant flow in the cavity closure region and listed the cyclic
cloud shedding process as being formed by three main phases,
namely, formation and growth, filling, and breakoff. Furness and
Hutton (1975) numerically modelled the unsteady cavity and pre-
dicted that a liquid jet should form during the growth phase. Later,
numerous investigations confirmed the existence of the re-entrant
jet by visualizing the cavity closure using dye injection (Le et al.,
1993) or high speed cinematography (De Lange et al., 1994). In
spite of the fact that the re-entrant jet seems to be the major cause
responsible for sheet cavitation instability, other possible mecha-
nisms have been proposed. We can mention the role played by
condensation shock waves as Jacobsen (1964) pointed out in his
investigation of cavitating inducers, or the growth of surface waves
propagating downstream on the cavity interface until transition to
turbulence occurs, as Brennen (1969) observed for natural and
ventilated cavities. Avellan et al. (1988) considers that cloud
cavitation results from the growth of these interfacial instabilities.
In contrast, Kawanami et al. (1997) recently observed that cloud
cavitation was never generated when the re-entrant jet was ob-
structed by an obstacle fitted on the foil surface and concluded that
the re-entrant jet was responsible for cloud cavitation. Therefore,
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whether the cavity dynamics is determined by the re-entrant jet or
the growth of surface instabilities, or a combination of both,
remains an open question. In order to be able to answer these
interrogations it is necessary to gain information concerning the
re-entrant jet dynamics and the intetface instabilities, by using non
intrusive techniques.

This paper reports the main results of an experimental investi-
gation of the unsteady sheet cavitation. It is organized as follows:
Section 2 is devoted to characterizing the unsteady behavior of an
attached cavity by means of visualizations and fluctuating pressure
measurements. Section 3 contains the results of an investigation of
the mechanisms of cloud cavitation and in particular of the re-
entrant jet dynamics using electrical probes. Finally, in Section 4
is discussed the possibility of controlling cloud cavitation using
various means such as positioning an obstacle on the foil surface
or performing air injection through a slit situated in the vicinity of
the leading edge.

2 Investigation of the Unsteady Behavior of Sheet
Cavitation

2.1 Experimental. Experiments were conducted in the EN-
STA Cavitation Tunnel with a test section 150 mm height, 80 mm
width, 640 mm length. A two-dimensional foil of 150 mm chord
and 80 mm span made in solid brass, sketched in Fig. 1, was used.
Its cross-section had a flat upper surface and a convex lower
surface of 195 mm radius. The foil was mounted mid-height in the
test section and sheet cavitation was produced on its upper surface.
The unsteady behavior of sheet cavitation was investigated by
means of high-speed imaging in order to examine the cavity
morphology, and by fluctuating pressure measurements in order to
define the operating conditions leading to periodic cloud shedding
and to measure the associated shedding frequencies. The experi-
mental conditions were known with a 1% precision on the foil
angle of attack, a 1% and a 2% precision on the flow velocity and
the upstream pressure respectively, which leads to a 4% uncer-
tainty on the cavitation number.

Visualizations of the cavities were performed using either a
Hycam cine camera operated at a maximum rate of 10,000 images
per second or a Kodak Spin Physics video camera (SP2000)
operated at 6000 images per second (Larrarte et al., 1995). Side
views were obtained by means of the SP2000 camera, which
enabled to collect information concerning the cross-section of the
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Fig. 1 Sketch of the foil—flow configurations

cavities, thereby their volume. Top views of the cavities were
obtained with the film camera in order to examine the character-
istic features of the interface. All the tests were conducted with
cavities exhibiting periodic vapour cloud shedding. The selected
film sequences and video images were numerized and the Opti-
mas® software computed aided procedures were implemented to
facilitate the data analysis. For the side views, the cavity outline
was determined by a grey level threshold procedure. Its cross-
section area was automatically computed by Optimas®. As an
example, Fig. 2 illustrates one frame visualized on the TV monitor
(Fig. 2(a)), and one enlarged image of the cavity outline (Fig.
2(b)). Although there was a clear visual indication that the cavity
was broken down into two smaller cavities, the threshold method
did not permit to individualize them. This was made by manually
introducing a cut as shown in Fig. 2(c¢) and Fig. 2(d). For the top
views, assuming that the cavity was two-dimensional, the mean
grey level at different distances from the leading edge was calcu-
lated by averaging the grey level of sixteen pixels equally distrib-
uted along the span direction. This allowed to obtain a grey level
signature along the foil chord which could be interpreted in terms
of waves or perturbations of the interface. For a detailed descrip-
tion of the data analysis procedure, we refer the reader to Larrarte
et al. (1995).

The far field unsteady pressures generated by the cavitation
were measured by means of a PCB model M106B50 piezo-electric
pressure transducer (resonant frequency 40 kHz, sensibility 0.07
mV/Pa). The latter was mounted flush on one of the vertical walls
of the test section, 30 mm upstream the foil. The pressure data
were processed by a HP 35665A spectrum analyzer whose fre-
quency full span and default resolution were, respectively, 102.4
kHz and 400 lines. Apart from very low frequencies, the signals
were not filtered. The Fourier transforms of the signals were
digitally performed from 1024 sampled data. They were averaged
over 50 samples. Note that these measurements were intended to
characterize the pressure fluctuations associated with the global
behavior of the cavity and not the pressure pulses resulting in noise
emission.

Nomenclature
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{MAGE ],

\ { - - ° 'rc-,k_/‘ﬁ_k;—‘
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Fig.2 (a) Example of a frame on the TV monitor, (b) global outline of the
cavity, (c) outline of the convected cavity and (d) Outline of the develop-
ing cavity

2.2 Results and Interpretation. Side views of the cavity,
Fig. 3, were obtained with the high-speed video camera for a foil
incidence, a, of 4°, a free-stream velocity, U.., of 8 m/s, a cavi-
tation number, o, of 1.2. For these flow conditions the cavity had
a mean cavity length, /, of 60 mm and the Reynolds number based
on the foil chord, Re, was 1.2 X 10°. Under the assumption of a
two-dimensional flow, the volume of the cavity could be obtained
by multiplying its cross-sectional area, given by the analysis of the
video images, by the width of the test section. In Fig. 4, the
continuous line shows the volume obtained using the total area of
the cavity cross-section (see Fig. 2(b)) as a function of time. The
measurement uncertainty on the cavity volume was estimated at
about 5%. The individual symbols denote the volume of the cavity
which developed from the leading edge (see Fig. 2(d)), from its
initiation up until its disappearance when the cloud shedding was
completed. The periodic character of the cavity behavior, emerg-
ing from Fig. 4, can be described as follows:

(i) The leading edge cavity growth is initiated at 0.013 (cav-
ity 2), 0.05 (cavity 3), 0.08 second (cavity 4);

(i) The growth is nearly linear and reaches a maximum at
0.03 (cavity 2), 0.062 (cavity 3), 0.092 second (cavity 4).

¢ = foil chord (m)

d = distance between two neigh-
bouring probes (m)

f = cloud shedding frequency or
occurrence frequency of the
re-entrant jet on the electrical
probes (Hz)

g = gravity acceleration (m/s®)

! = maximum length of the cavity

(m)

pressure (pa)

upstream pressure (Pa)

= air flow rate (m*/s)

dimensionless air flow rate g =

Q/U.cs (—)

(—)

(=)

time (s)

@Q?v
o
S
nm

1l

(m)
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Re = Reynolds number Re = Uc/v

R,-, = cross-correlation function be-
tween the outputs from the

probes #(n — 1) and #n (V?)

s = foil span (m) (s)

St = Strouhal number St = fI/U..

fluid velocity (m/s)
U.. = free-stream velocity (m/s)
v = local mean velocity of the re-
entrant jet (m/s)
x = distance from the leading edge

y, = output signal from probe #n
V)
o = angle of attack (degree)
At,_,, = time delay between the outputs
from probes #(n — 1) and #n

vy = surface tension (N/m)

A = wavelength (m)

v = kinematic viscosity (m’/s)

p = liquid density (kg/m®)

o = cavitation number o = 2((P..
= P)/pU2) (—)

fl
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Fig. 3 Timewise evolution of the cavity (1.67 ms between two images—
flow from left to right}—a = 4°, U, = 8 m/s, o = 1.2

Meanwhile, the cloud of the preceding cavity is totally
evacuated;

After the leading edge cavity reached its maximum vol-
ume, a saddle type shape is seen to occur before the cavity
is separated from the foil and the volume decreases. A
new cycle begins.

(iii)

From the time period of the cycle, we can estimate the shedding
frequency f at 29 Hz, which leads to a Strouhal number based on
the length of the cavity, St, of 0.22.

Top views of the cavity interface, for which examples are given
in Fig. 5(a), were obtained using the cine camera for o = 0.7, U.,
= 6.6 m/s, o = 4°, which corresponds to Re = 9.9 X 10°and [ =
50 mm. Figure 5(b) presents the evolution of the average grey
level with the distance from the leading edge at increasing times,
from bottom to top. Two main phases can be singled out in this
figure:

Phase A: A precursor front wave (indicated by an arrow) rushes
from the rear of the cavity toward the leading edge. This is an
evidence of the perturbation created on the interface by the re-
entrant jet propagation. The initiation of Phase A corresponds to
the maximum cavity volume in Fig. 4.

Phase B: After the re-entrant jet reached the leading edge and
collided with the cavity interface, a partial break-off ensues and a
cloud gets organized and is convected downstream. A new leading
edge cavity begins to grow as indicated by the downstream limit of
the perturbed region. This growth phase is called Phase B and
corresponds to the positive rate of growth of the cavity volume in
Fig. 4. During this phase, small scale waves trains, having a mean

total volume

=60
,f‘o,
Z 40 cavity 3 X
o cavity 4
g
E 20 o
© Time (s)
(<]
0 o

0 0.02 0.04 0.06 0.08 0.10

Fig. 4 Timewise evolution of the cavity volume a« = 4°, U. = 8 m/s,
o=12

Journal of Fluids Engineering

@ W ¥
e

Leading edge

) 6 A

phase B
fronts
phase A

ut
Q

i

phase B

Tlm:(ms)
wiwelfY(aaw
>

phase A
—1Y

0
0 05 1 15 2 25 3 cm

Fig.5 Grey level profiles at different times « = 4°, U, = 6.6 m/s, 0 = 0.7

wavelength of 3 mm, propagate toward the trailing edge. This
phase is illustrated in Fig. 3, where it can be clearly seen how the
sheet cavity progresses from the leading edge while the previous
detached cloud is carried downstream (Frames 3 and 4). A third
phase which can be of very short duration, not shown in Fig. 5(b),
corresponds to a well developed cavity without major surface
perturbations. The cycle repeats consistently once the unstable
situation is reached.

The visualizations have clearly demonstrated that the phases of
cloud shedding are as those very early schematized by Knapp et al.
(1970) and further confirmed by other authors. Moreover, the
interface perturbation linked to the probable propagation of a
re-entrant jet suggests that the unsteady behavior, and the subse-
quent cloud cavitation, can be attributed, at least in part, to the
impact of the re-entrant jet with the cavity interface. However,
small interfacial wave trains, whose precise role remains as yet to
be defined, have been also observed.

On account of the fastidious, time consuming and off-line anal-
ysis procedures to be used to analyze the visualizations, only data
for a limited number of operating conditions were obtained. Since
Kubota et al. (1989) and Reisman et al. (1996) have shown that the
unsteadiness of a sheet cavity is strongly correlated with the
unsteady pressure signature, it was decided to carry out fluctuating
pressure measurements. These can be analyzed in terms of shed-
ding frequencies on-line, in order to determine a much larger range
of operating conditions leading to cloud cavitation. According to
Reisman et al. (1996), the far-field pressure is mainly related to the
coherent collapse of the cavitation cloud. Kubota et al. (1989)
consider that the low frequency component of the pressure fluc-
tuation is caused by the large scale cyclic development and con-
vection of the cavitation cloud whereas the high frequency com-
ponent is related to its local structure. Therefore, it was decided to
restrict our study to relatively narrow spans of frequency, namely
0-800 Hz, 0-400 Hz, 0-200 Hz. This permitted to achieve a
greater frequency resolution (i.e., 0.5 Hz for the frequency span of
0-200 Hz).

All the tests were performed for a fixed free-stream velocity, 8
m/s (i.e., Re = 1.2 X 10% and « was varied between 0° and 5° by
steps of 0.25°. o ranged from 0.94 to 1.4.

Figure 6 presents, for o = 1.1, the spectra of the fluctuating
pressure signal for eleven incidence angles. They show that, de-
pending the incidence angle is lower or larger than 2°, two main
regimes, respectively illustrated in Fig. 6(a) and Fig. 6(b), can
occur.

(i) For o < 2°, the spectra reveal relatively high dominant
frequencies distributed in broad ranges of few hundreds
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Fig. 6 Power spectra of the fluctuating pressure signal at different
angles of attack o = 1.1, U, = 8 m/s

Hertz width. Visually, cavitation sheet appears to be stable
or undergoing localized fluctuations in its closure region.
The frequency components above 100 Hz may be due to
interfacial instabilities (Kjeldsen, 1997) or to the shedding
of small vapor clouds (De Lange et al., 1994).

(ii)) For a > 2°, the spectra show sharp dominant spectral
peaks (notice the change of the scale on the vertical axis).
The dominant frequencies are smaller than 70-80 Hz and
are distributed in much narrower ranges than in Case (i).
The cavities exhibit large scale cloud shedding and the
dominant spectral frequencies can be identified with the
cloud shedding frequencies. Therefore, this operating do-
main will be referred to as the periodic cloud shedding
regime.

The existence of the periodic cloud shedding regime was observed
for all the tested o.

Next, attention was focused on this regime and in particular on
the cloud shedding frequencies. Acosta (1955) introduced in his
linearized theory of partial cavitation of flat plate hydrofoils the
parameter /2« which he related to the ratio of the cavity length
over the foil chord. Le et al. (1993), when experimentally inves-
tigating partial cavitation with a similar hydrofoil as ours, success-
fully correlated the maximum cavity length ! with o/c. Those
authors, among others, found that the Strouhal number St based on
! and the free stream velocity U. was nearly constant around 0.3,
If so, at a fixed U., one can expect the shedding frequency f to be
a single function of o/o. We tentatively plotted in Fig. 7 the
frequency f, determined by spectral analysis, as a function of o/,
with « in radians. For o/c smaller than 17 or greater than 20, the
spectra showed a unique dominant peak at a very well defined
frequency. For o/a comprised between 17 and 20, it was more
difficult to define a unique shedding frequency as the spectral
energy was distributed in a slightly larger range of frequency of
20-25 Hz width, and secondary peaks of smaller magnitude were
present in addition to the dominant spectral peak. In these cases,
we disregarded the secondary peaks and considered the shedding
frequency as being given by the frequency of the dominant peak.
It can be seen in Fig. 7 that f increases with o/, and that, contrary
of what was expected, a dependency on o which exceeds the
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Fig. 7 Cloud shedding frequency as a function of the parameter o/a —
U.=8m/s

maximum uncertainty, estimated at 3 Hz, exists. This shows the
nonlinear character of the shedding phenomenom. Figure 8(a)
presents for all the tested incidences and cavitation numbers the
Strouhal number, St, based on the maximum cavity length [
visually determined under stroboscopic lightning and on the free
stream velocity U... All points fall in the range of 0.2-0.4 with an
average St value of .28 and a .044 standard deviation. The ob-
served data scattering may be partly explained by the important
measurement uncertainty on /, estimated at 5 mm. The scattering
is smaller when St is scaled by the velocity at the interface
U.V1 + o rather than U., (see Fig. 8(b)). In this case, the mean
St value is equal to .19 with a .026 standard deviation. This
indicates that the velocity at the interface, which takes into account
a o effect, is a more relevant characteristic velocity scale for
normalizing the shedding frequency.

3 Investigation of the Re-Entrant Jet Dynamics

This section aims to investigate the re-entrant jet dynamics by
means of a nonintrusive measuring method and to link it to the
unsteadiness of sheet cavitation. For this purpose, the flat surface
of the foil was equipped with electrical probes in order to detect,
for the periodic cloud shedding regime defined in the previous
section, the passage of a water front corresponding to the penetra-
tion of the re-entrant jet. The effect of gravity on the propagation
of the water front and on the interfacial waves was also examined
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Fig. 8 Strouhal number based on different velocity scales, as a function
of the parameter o/a — U, = 8 m/s
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by performing tests with the flat surface facing the upper or lower
horizontal wall of the test section.

3.1 Experimental Methods and Instrumentation. Electri-
cal impedance techniques are commonly used in the field of
multiphase flows for measuring spatially averaged flow properties,
such as void fraction (Ceccio and George, 1996). Derived from
this instrumentation, Ceccio and Brennen (1991) developed a
novel equipment to study travelling bubble cavitation and, more
recently, implemented it to the investigation of the dynamics of
stable attached cavities on bodies of revolution (Ceccio and Bren-
nen, 1992). The same type of technique was employed in this study
for detecting the water front corresponding to the re-entrant jet. For
this purpose, specific instrumentation and signal processing system
were developed and validated by preliminary experiments. After
validating the instruments, tests were conducted in the ENSTA
Water Tunnel on the foil equipped with surface electrical probes in
cloud cavitation conditions for U, = 8 m/s.

A series of six electrodes having a diameter of 2 mm and made
of stainless steel were arrayed mid-span on the upper flat surface
of the hydrofoil in the flow direction. The electrodes were equally
spaced 10 mm apart, starting at x = 30 mm (probe #1) and ending
at x = 80 mm (probe #6) from the leading edge. They were flush
mounted on patches of 4 mm diameter made with Araldite in order
to electrically isolate them from the foil which played the role of
the general ground and, we recall, was fabricated in solid brass.
The impedance of each of the sensors (i.e., the impedance of the
local conducting medium between the electrode and the ground)
played the role of a branch of a Wheastone bridge supplied with a
constant electrical potential. When the impedance was changed,
because of the presence on the sensor of water, vapour or a mixture
of both, an appropriate electronic set-up gave a variable voltage
which was function of the impedance. The output signal was
measured and monitored by the HP 35665A spectrum analyzer. In
order to link cloud cavitation with the re-entrant jet information,
the results were compared with fluctuating pressure measurements
performed using the piezo-electric transducer described in Section
2.1.

The re-entrant jet dynamics was detected through processing of
the unsteady component of the electrodes signal: the output of the
electrodes was Fourier analyzed and the spectra were averaged on
50 samples. A cross-correlation function between the output sig-
nals from two neighbouring probes, defined by,

i T
R,—1,(1) = lim TJ Vo1 (Oy e+ T)dt forn=2...6
0

T—w

where y,(r) designates the output signal from probe #n, was
performed using the Correlation Analysis Mode of the analyzer.
The cross-correlation function was averaged over 100 samples of
a duration of 3.9 ms. The data collection was triggered by a
positive voltage ramp from probe #n with a pretrigger time of 500
us (i.e., arrival of the water front on #n).

3.2 The Re-Entrant Jet Dynamics. A typical output signal
from an electrode situated under the cavity is shown in Fig. 9, for
cloud cavitation conditions. The maximum level of the velocity
signal corresponds to the liquid phase fully wetting the surface of
the electrode. When the re-entrant jet recedes, a more or less thick
layer of water remains on the surface and drains away. Depending
on the duration of the process, and the more or less completed
draining, the output voltage, while decreasing, reaches variable
levels. What seems to be certain is that the sensor is not often in
contact with pure vapour and “sees” most of the time a combina-
tion of water and vapour. In spite of the apparently noisy output
signal, a trend, which determines a duration of the events, is quite
well defined.

Direction of Propagation, Velocity of the Re-Entrant Jet. For
all the electrodes (n = 2 ... 6), the mean cross-correlation func-
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Fig. 9 Typical output signal from an electrode situated under the cavity
for cloud cavitation conditions

tion for probes #(n — 1) and #n exhibited a well defined maxi-
mum, at a time delay Ar,_, , corresponding to the time required for
the front to advance from probe #n to probe #(n — 1). The
direction of propagation of the front was given by the sign of the
time delay, and the local mean velocity of the re-entrant jet
between the probes #(n — 1) and #n, ¥,.,,, was given by 9,
= d/At,_,,, where d is the distance between two electrodes (10
mm). At,_;, was of positive sign, which conclusively demon-
strated that a liquid front actually rushed from the trailing edge
towards the leading edge. Figure 10 presents for o = 0.94 and «
= 3.5° and at different nondimensional abscissas x/I, the local
mean velocity of the re-entrant jet divided by the free-stream
velocity. The velocity at the point midway between probes #n and
#(n — 1) is approximated as v,-,,. It can be seen that the velocity
of the re-entrant jet is of the same order of magnitude as the main
flow velocity and increases with the distance from the leading
edge. The standard deviation has a maximum at the electrodes
close to the cavity closure region on account of the inherent
unsteady character of this region. For comparison, Fig. 10 also in-
cludes the inviscid value of the re-entrant jet velocity,
U.V1 + o, and one experimental result of Kawanami et al.
(1997), obtained using a hot wires velocimeter for a cavity of
length Ifc =~ 50% pulsing at about 20 Hz. Both values are
consistent with our results.

Frequency of Occurrence of the Re-Entrant Jet on the Probes.
The averaged spectra of the output signal from the probes situated
under the cavity show dominant peaks at an equal frequency which
can be reasonably identified with that of the re-entrant jet passage
on the electrodes. As in Section 2.2, for o/a comprised between 17
and 20, secondery peaks of smaller magnitude were present in
addition to the dominant spectral peak.

For all the operating conditions tested, the results obtained from
local impedance and unsteady pressure measurements matched

14 v /Uoo =}
12
1.0 [~
0.8 |- + + +
0.6 -
i o Kawanami's result

04— © e inviscid value

| | | | | RIAT

0.2
0.3 04 0.5 0.6 0.7 0.8 0.9 1.0
Fig. 10 Local mean velocity of the re-entrant jet divided by the free

stream velocity as a function of the distance from the leading edge
normalized by the cavity length — ¢ = 0.94, a = 3.5°, U, = 8 m/s
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Fig. 11 Difference between the cloud shedding frequencies in config.2
and in config.1 as a function of o/c.

very well: for o/a < 17 or o/a > 20, it was found that the
frequency of occurrence of the re-entrant jet on the electrodes was
equal to the cloud shedding frequency determined by unsteady
pressure measurements, to within the measurement uncertainty.
For 17 << o/a < 20, the pressure and the electrode signal spectra
revealed dominant frequencies in exactly the same range. This
result clearly indicates the major promoting role of the re-entrant
jet in cloud cavitation. However, we can not ignore that the small
interfacial perturbations, which were observed by high-speed im-
aging (see Section 2.2.), may have an effect on the large scale
shedding of cavitation clouds.

3.3 Gravity Effect. Local impedance and unsteady pressure
measurements were performed with the flat surface of the foil
facing the test section floor (configuration 2), for incidences so as
sheet cavitation was produced on the flat side (see Fig. 1). By
comparison with the results obtained with the initial set-up (con-
figuration 1) presented in Section 2.1, these tests allow to inves-
tigate the effect of gravity on the re-entrant jet and on the stability
of the interfacial waves. The consequences on the cavity behaviour
were then examined. The test conditions corresponded to periodic
cloud shedding.

Avellan et al. (1988) and Kjeldsen (1997) consider that the
interfacial perturbations of an attached cavity result from the
development of Kelvin-Helmoltz instabilities. In this theory, the
plane interface separating two unbounded inviscid fluids of differ-
ent densities, which have different mean horizontal velocities, is
unstable if,

2

8
- 2 _ 2 — _ -
(U, ~ U, 2 AMp —p) — v X >0

P1P2
pit p2

where vy is the surface tension, A is the wavelength of the waves
travelling at the interface and the indices 1 and 2 respectively
denote the lower and upper fluid layers. Considering this inequal-
ity, one notes that gravity will have a stabilizing effect if the
heavier layer is under the lighter one (i.e., p, — p, > 0). As in
configuration 2 the gravity acceleration is directed from the cavity
towards the liquid, it can be inferred that the cavity interface will
be stabilized. Consequently, if the interfacial perturbations do have
a significant effect on cloud shedding, it can be speculated that it
will be mitigated in configuration 2 compared with configuration 1.

This type of investigation was first conducted by Larrarte et al.
(1995) who showed by high-speed video, for o = 1.2 and « = 4°,
that the frequency of the cloud shedding was increased as com-
pared to configuration 1, from 29 Hz to 41 Hz. Our measurements
of the response of the surface electrical sensors, conducted for
numerous operating points, support this finding. Figure 11 shows
the difference between the frequencies of passage of the water
front on the electrodes, equal to the cloud shedding frequencies, in
configuration 2, f,, and in configuration 1, f,, plotted versus o/c.
The difference is always positive, besides for few data points
which are within the two standard error interval indicated by the
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shaded area. We can thus conclude that, indeed, the cloud shedding
frequency is increased in configuration 2 and that, as opposed to
what was initially expected, the instability is enhanced. The reason
for this behaviour, as initially suggested by Larrarte et al. (1995),
can be traced to the action of gravity on the re-entrant jet. In
configuration 2, the re-entrant jet deviates from the foil surface due
to the gravity effect, and strikes the cavity interface slightly down-
stream the leading edge. This leads to the shedding of smaller
vapour clouds at higher frequencies than in configuration 1.

In view of these results, it seems quite reasonable to consider
that the role played by the re-entrant jet is preponderant over that
of the interfacial instabilities in the generation of periodic cloud
shedding. Therefore, it may be speculated that controlling the
re-entrant jet flow may allow to control cloud cavitation.

4 Control of Cloud Cavitation

4.1 Control of Cloud Cavitation by Means of an Obstacle.
The results of Kawanami et al. (1997) indicate that cloud cavita-
tion can be prevented by using an obstacle in order to hold back the
re-entrant jet. Based on their results, we conducted a series of
experiments by placing a bar having a width of 4 mm, protruding
from the foil surface by 2 mm and as large as the foil span,
in-between probes #1 and #2, at x = 35 mm (x/c = 0.233) from
the leading edge. Simultaneous fluctuating pressure and local
impedance measurements were conducted in cloud cavitation con-
ditions, at ¢ = 0.94, U, = 8 m/s and for three incidences of 3°,
3.25° and 3.5°, which respectively correspond to mean cavity
lengths of 80, 90, and 100 mm.

For example, Fig. 12 shows the cross-correlation analysis of the
signals from electrodes #2 and #3, from #1 and #2, for @ = 3.5°.
For the #2-3 pair, we observe a maximum indicating a satisfactory
correlation and the existence of a characteristic advance velocity of
the water front. For the #1-2 pair, the correlation is deficient and
no indication of an advancing velocity can be noted. Therefore, the
re-entrant jet was effectively held back or deviated by the obstacle.
As a consequence, the magnitude of the fluctuating pressure in-
duced by cloud cavitation was significantly reduced. Indeed, the
magnitude of the dominant peak in the power spectra of the
fluctuating pressure, which characterized the cloud cavitation “in-
tensity” as far as the periodic regime was concerned, was divided
by two compared with the situation without obstacle. Depending
on the incidence angle, the fluctuating pressure could be reduced
by a factor four. In view of these results, we can conclude that the
re-entrant jet loses part of its momentum or is deviated due to the
obstacle. This causes the modification of the cloud shedding mecha-
nism and the reduction of the amplitude of the pressure fluctua-
tions associated with it.

4.2 Effect of Air Injection. The air injection technique has
been used for many years by Navies as a countermeasure to avoid
propeller cavitation induced erosion, noise and vibration, Its ef-
fectiveness was demonstrated by Rusmussen (1956), Huse (1976),
Okamoto et al. (1977) and was interpreted as a “cushioning effect”
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Fig. 12 Cross-correlation functions between the outputs from probes
#2 and #3 (solid line), #1 and #2 (dashed line) — o = 0.94, & = 3.5°,
U, =8ms
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of the air contained in the cavities. The principle of our experiment
is slightly different. We intend stabilizing the fluctuating cavity by
inhibiting the instability source, that is the re-entrant jet, rather
than damping the cloud cavitation collapse. Indeed, the visualiza-
tions of Larrarte et al. (1995) by high-speed video indicated that
ventilated cavities do not undergo large scale break-off and filling.
Instead, the air is continuously evacuated at the rear of the cavities
and no evidence of a re-entrant jet can be observed. Based on this
observation, the idea is to inject air into the fluctuating cavitation
sheet in order to create a wake which would impede the re-entrant
jet. This principle of operation is also supported by ship measure-
ments performed by English (1998).

Tests were performed with and without air injection through a
slit, 1 mm wide, situated 2 mm from the leading edge. The air was
supplied at room temperature and pressure. On account of the large
difference between the air supply pressure (the room pressure) and
the injection one (the cavity pressure), a pressure reducer was
necessary in order to create a sufficient head loss to achieve flow
rates of the order of 10-20 l/min. An air flow control valve was
installed on the air supply line. The flow rate measured at the room
pressure, using a BROOKS Sho-Rate 13355 rotameter, has to be
converted to a value, Q, for the conditions prevailing in the cavity.
Brennen (1969) showed that the cavity pressure increases nearly
linearly with the volume rate of supplied air. However, direct
pressure measurements in the fluctuating cavity involve numerous
difficulties (Brennen, 1969) and can only give access to an average
pressure between the tunnel and the cavity pressures. Therefore,
we decided to estimate O at the cavity pressure supposed to remain
equal to the vapour pressure at the water temperature.

The foil was operated in cavitating conditions, at o = 1.0, U.,
= 8 mfs, for & = 2.5° and & = 3.5°, with a cavity fluctuating at
47 Hz and 20 Hz, respectively. For increasing air flow rates, we
measured the far field low frequency fluctuating pressure and
determined the magnitude of the dominant spectral peak exhibited
by the averaged power spectra of the pressure signal. It is plotted,
normalized by the peak value obtained without air injection, as a
function of the air injection rate in Fig. 13. For flow rates larger
than about 5 I/min, the peak magnitude is reduced by a factor about
100, which is a vivid indication of the cloud cavitation mitigation.
Visually, this corresponds to a complete modification of the cavity
appearance, which becomes stable and longer.

Arndt et al. (1993) and, later, Reisman et al. (1997) quantified
the noise reduction which could be possibly achieved by air
injection, for a cloud cavitation on a stationary foil and on an
oscillating foil, respectively. They introduced a dimensionless air
flow rate ¢ = Q/(U.cs). It was found that a flow rate g, of less
than 0.001 was sufficient to achieve a substantial noise reduction,
in both steady and oscillating foil experiments.

In the present study, for our experimental conditions —U., = 8
m/s, ¢ = 150 mm, s = 80 mm, 5 < Qy, < 6 I/min — 8.7 107*
< gum < 1 107%, which compares favorably with Arndt et al.
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Fig. 13 Normalized magnitude of the dominant spectral peak as a func-
tion of the air flow rate — o = 1.0, a = 2.5° and 3.5°, U, = 8 m/s
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(1993) and Reisman et al. (1997) results. Thus, air injection seems
to be particularly efficient in suppressing the cloud cavitation.

5 Summary and Conclusions

The unsteady behavior of an attached cavity was experimentally
investigated. Attention was focused on the physical mechanisms
leading to cloud cavitation. The main results of the present work
can be summarized as follows:

e Visualizations by high-speed video and cine enabled to
describe the morphology of the cavity. The cloud shedding cycle
was described from examining the time evolution of the cavity
volume. Two types of interfacial perturbations were observed: a
precursor front wave rushing from the cavity rear toward the
leading edge, evidencing the re-entrant jet propagation, and, small
scale waves travelling on the interface.

e The pressure fluctuations associated with cloud cavitation
were examined. This permitted to determine by spectral analysis
the cloud shedding frequencies as a function of o/« and to define
the initiation of the periodic regime.

o The re-entrant jet dynamics was studied using surface elec-
trical probes. In particular, its direction of propagation and mean
velocity were established. For all the operating conditions, the
frequencies of occurrence of the re-entrant jet on the electrodes
were found to be equal to the cloud shedding frequencies deter-
mined by unsteady pressure measurements. This demonstrated that
the cloud shedding was actually driven by the re-entrant jet.

¢ For the same flow conditions, the gravity effect increases the
cloud shedding frequency despite the fact that the cavity interface
is expected to be more stable. This might be explained by the
earlier collision of the re-entrant jet with the interface. The present
result suggests that the role played by the re-entrant jet is prepon-
derant over the interfacial instabilities in the generation of periodic
cloud shedding.

¢ Cloud cavitation was successfully controlled, first, by means
of an obstacle fitted on the foil which held back the re-entrant jet,
second, by air injection. Air injection appeared to be particularly
efficient in suppressing the periodic cloud shedding.
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Numerical Model of Cavitating
Propeller Inside of a Tunnel

The unsteady cavitating flow of a propeller subject to a nonaxisymmetric inflow inside of
a tunnel is addressed. A numerical method is developed which solves for the fully unsteady
propeller problem and the tunnel problem separately, with the unsteady effects of one on
the other being accounted for in an iterative manner. The propeller influence on the tunnel
walls is considered via potential while the tunnel walls influence on the propeller is
considered via velocity. The iterative process is found to converge very fast, usually within
three iterations, even for a heavily loaded propeller. The effect of the tunnel extent and the
number of panels on the predicted mean propeller forces is investigated. In the case of
uniform inflow the equivalent open water velocity is calculated and then compared to that
predicted from Glauert’s formula. The two velocities are found to be very close to each
other in the case of light propeller loading, and to deviate from each other as the propeller
loading increases. In the case of nonuniform flow the predicted unsteady propeller forces
are found not to be affected appreciably by the tunnel effects in the case of noncavitating
Jlow. In the case of cavitating flows the tunnel effects have been found to be appreciable,
especially in terms of the predicted cavity extent and volume. The predicted cavity patterns
are shown to be very close to those observed in CAPREX, a CAvitating PRopeller
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EXperiment performed at MIT's cavitation tunnel.

Introduction

When a propeller experiment is performed in a cavitation tunnel,
the experimental results have to be corrected for the tunnel wall
effects. One of the most widely used formulas for the tunnel wall
correction is Glauert’s formula, which is based on simple axisym-
metric momentum theory (Glauert, 1947). The correction in
Glauert’s formula consists of replacing the mean inflow velocity
(flow rate divided by the tunnel sectional area) with an equivalent
open (unbounded) flow velocity for the same thrust. However, in
Glavuert’s formula the propeller is treated with an actuator disk and
thus the effects of the propeller characteristics (pitch, chord, num-
ber of blades, rake, etc.) are not accounted for. Most importantly,
the effects of the nonuniformity of the inflow (usually simulated in
a tunnel with a wake screen) are not included at all. The tunnel
walls effects in this case can be crucial in determining the unsteady
forces or unsteady cavity shapes on the blades.

The objective of the research described in this paper is to solve
the fully unsteady flow of a cavitating propeller inside of a tunnel.
In this way, experimental results can be compared directly to the
computational results without the need for any corrections. In other
words, the complete tunnel wall effects on the propeller perfor-
mance, including cavitation, are computed numerically.

A lifting-surface vortex-lattice method has been developed for
the unsteady flows around cavitating propellers in an unbounded
fluid (Lee, 1979; Breslin et al., 1982; Kerwin and Kinnas, 1986).
This method has been extended recently to include the wake
alignment in inclined flows (Pyo and Kinnas, 1997).

The effects of a duct or hub on the propeller flow have been
considered in the case of steady flow (Kerwin and Kinnas, 1987;
Hughes et al., 1992), and in the case of unsteady noncavitating
flows (Hughes and Kinnas, 1993; Kinnas et al.,, 1993). In these
works, the flow around a duct though is still treated as an external
flow with its interaction with the propeller being accounted for
iteratively. One might say that the effect of a tunnel could be
simulated as that of a duct with “infinite” chord. This approach
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however, would require adjustment of the inflow to the “duct” until
the flow distribution inside the duct upstream of the propeller is
equal to that measured in the tunnel. The propeller inside of a
tunnel flow could also be treated with methods for the hydrody-
namic analysis of pumps (Brennen, 1994). These methods though
treat the blade sections as cascades of 2-D sections and model the
unsteady cavity shapes in a quasi-steady manner.

In the present paper, a numerical method is developed which
solves the fully unsteady cavitating propeller problem and the
tunnel problem separately, with the unsteady effect of one on the
other being accounted for in an iterative manner. The flow inside
the tunnel is solved via a panel method applied to the tunnel walls
and two sectional stations (lids), one upstream and the other
downstream of the propeller, as shown in Fig. 1. The propeller
influence on the tunnel walls is considered via potential while the
tunnel walls influence on the propeller is considered via velocity.

Cavitating Propeller in Open Flow

The prediction of propeller sheet cavitation in open nonaxisym-
metric inflow can be accomplished by using a Vortex/Source-
Lattice method developed at MIT and UT called HPUF-3AL. A
brief description of the method is given next.

The analysis method models the three-dimensional unsteady
cavitating flow around a propeller by representing the blade and
trailing wake as a discrete set (lattice) of vortices and sources
which are located on the blade mean camber surface and trailing
wake surface.

The strengths of the blade thickness sources are given in terms
of derivatives of the thickness in the chord-wise direction and are
independent of time. The unknown bound vortices on the blade
and the unknown cavity sources are determined by applying the
kinematic boundary condition and the dynamic boundary condi-
tion at certain control points located on the blade mean camber
surface. A more detailed description of the control point location
is given in (Kinnas and Fine, 1989).

The kinematic boundary condition requires that the sum of the
influences for all of the vortices, sources, and the inflow normal to
a particular control point on the blade is equal to zero. Another
way to say this is that the kinematic boundary condition requires
the flow to be tangent to the blade surface. The dynamic boundary

JUNE 1999, Vol. 121 / 297

Downloaded 03 Jun 2010 to 171.66.16.147. Redistribution subject to ASME license or copyright; see http://www.asme.org/terms/Terms_Use.cfm


mailto:kinnas@mail.utexas.edu

Fig. 1 Modeling of the problem with paneled tunnel and propeller

condition requires that the pressure must be equal to vapor pres-
sure at control points covered by the cavity. The fully unsteady
linearized dynamic boundary condition (Lee, 1979; Breslin et al.,
1982) is applied with the incorporation of the non-linear leading
edge correction, as will be described later in this section. The area
of application of the dynamic boundary condition changes with
time, as the cavity extent changes with time. The unknown cavity
extent is determined by searching for the cavity length along each
span-wise location. The desired cavity length is the one which

renders the cavity pressure equal to vapor pressure. A closed cavity -

condition (zero cavity thickness at the cavity end) is applied at all
times. Cavity thickness is determined by integrating the cavity
source distribution over the cavity surface along each strip. Cavity
volume is calculated by numerically integrating the cavity thick-
ness over the mean camber surface area.

The problem is solved in the time domain, with each time step
representing an angular rotation of the propeller. The time domain
solution allows for the effects of all strips and blades to be
accounted for in an iterative fashion. After the first complete
propeller revolution, the method achieves the fully wetted steady
solution. Three more propeller revolutions produce the fully wet-
ted unsteady solution. Finally, the converged cavitating unsteady
solution is attained after three (or more) additional propeller rev-
olutions.

Many major modifications have been made to HPUF-3AL since
the original version (called PUF-3) developed by Lee (Lee, 1979)
and Breslin et al. (1982). These modifications include the follows:

¢ Nonlinear leading edge correction (Kerwin et al., 1986) in
order to predict the correct effect of blade thickness on
cavity size (Kinnas, 1991).

Uoul

Fig. 2 Propeller and tunnel coordinate system

+ An improved numerical scheme and the option for cavity
detachment at a known location (Kinnas and Fine, 1989).

e Hub effects using the method of imaging (Kinnas and Co-
ney, 1992).

e General blade thickness sections, allowing for super-
cavitating sections with finite trailing edge thickness (Kudo
and Kinnas, 1995).

e Wake alignment for uniform and inclined flows (Pyo and
Kinnas, 1996; Kinnas and Pyo, 1997).

Propeller/Tunnel Interaction

Formulation. In general, there are two possible formulations
for internal potential flow problems; the total potential formulation
and the perturbation potential formulation. In most propeller ap-
plications though the ship wake is non-axisymmetric and the
inflow cannot be described via a velocity potential, thus leaving the
perturbation potential method as the only viable alternative. It
should be noted that only the potential part of the propeller-tunnel
interaction will be considered with this method.

The coordinate system shown in Fig. 2 is used because of its
consistency with the propeller coordinate system used in HPUF-
3AL explained earlier. The normal vector points into the flow
domain. The outer boundary of the flow domain, S, is composed
of the tunnel walls and two imaginary planes; one upstream, S,

Nomenclature

A = cross-sectional area of the

S, = inflow boundary part of the tun- V, =

axial velocity

R = propeller radius
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inside tunnel

tunnel nel boundary surface (x, y, z) = coordinate systems fixed on
D = propeller diameter S = outflow boundary part of the tun- tunnel, nondimensionalized
F, = Froude number; F, = nel boundary surface by R (x downstream direc-
(n*Dlg) S, = propeller boundary and trailing tion, y upward, z port side)
g = gravitational acceleration wake surface Z = number of blades
H = tunnel height S = tunnel boundary surface, Sy = A = the ratio of tunnel velocity to
J = advance ratio, J = (V,/nD) Seat T Sin T Som the equivalent open water
K, = thrust coefficient, K, = (T/ S = solid wall boundary part of the velocity; A = V! Vepen
pn’DY R tunnel boundary surface ¢ = perturbation potential
K, = torque coefficient, K, = (Q/ U, = velocity vector field at S, ey = perturbation potential in-
pn*D%) U, = velocity vector field inside the duced by propeller
n = number of propeller rotation . tunnel in the absence of propeller p = density of water
per second U = velocity vector field at S, o, = cavitation number based on
ft = normal vector, positive when V = velocity vector RPS n; 0, = (Pon — P/
pointing into the fluid Vopen = inflow velocity to the propeller 0.5pn’D?)
p = pressure on the tunnel wall in unbounded open flow for 6 = blade angle
Q = cavity volume the same thrust as in tunnel 7 = nondimensionalized thrust; T
r = distance between field point flow = (T/pAV*) = (4K /nJ?)
and source point Vun = inflow velocity to the propeller
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Fig. 3 Pulsating cavity source effect applied on both “lids” of the tunnel

and the other downstream, S, of the propeller plane, as shown in
Fig. 2.

ST= Swall + Sin + Soul (1)

The velocity field can be expressed in terms of the perturbation
potential ¢.

V=U,+V¢ 2

U , is the nonuniform flow field inside the tunnel in the absence of
the propeller, appropriately adjusted in order to take into account
the interaction of the incoming vorticity with the propeller (effec-
tive wake) (Huang and Groves, 1980).

By applying Green’s theorem to the flow domain bounded by S
and the propeller surface S, (which also includes the propeller
trailing wake surface), the following integral equation for the
perturbation potential on S, and S is derived.

_ ) (1 3 1
2a¢p = v S{ n ;) —E;}d‘s 3)

On the other hand, in the case of an unbounded propeller flow
the perturbation potential everywhere in the flow field (except on
the propeller surface) is given as follows.

8 [1\ ad1 '
4’7T(bprop = { 5—’; (;) - })—; 7} ds 4
Sp

Combining Eq. (4) with Eq. (3) the perturbation potential on S
can be expressed as follows (Kinnas and Coney, 1992).

6= -0

r\/

Y

\j ¢P’°P

¢

Fig. 4 Solution method in the time domain (looking from downstream)
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Fig.5 Convergence of Krand Kg, N4148 propeller, H = 3.333R, J= 0.8,
noncavitating flow

B 3 (1 dp 1
27 = { n (7) i ;} dS+ 4wy, ()
St

Boundary Conditions. The unperturbed velocity field U,
which is in general nonuniform and nonaxisymmetric, satisfies the
tunnel wall boundary condition;

iU, =0 on S ©)
Then, the boundary condition on the solid tunnel wall S, be-
comes

V= O+ Ve=2 7
V=i U, i V== @

At the inflow boundary S;,, which is assumed to be far enough
from the propeller, the flow field will remain unperturbed.

AeV=a-U,+h-Vo=n-U, ®)
As a result, the boundary condition on §;, can be written as
follows.

de
on = 0 on Sin (9)
At the outflow boundary, S, which like S, is also assumed to
be far enough from the propeller, the flow could differ from the
unperturbed, depending on how far the action of the propeller
trailing vorticity would persist. In the ideal case, where the pro-
peller trailing wake extends to infinity, an outflow profile similar to
that shown in Fig. 2 will exist. In this case dp/dn in S, should be
different than zero, even though its surface integral should be equal
to zero for the mass to be conserved. It is shown by Choi and
Kinnas (1998) that for the case of a propeller subject to a uniform

Table 1 The geometry of DTMB propeller N4148. Thick-
ness section: Modified NACA66, Zero skew, Camber sec-
tion: NACA a = 0.8, Zero rake

radius/R Pitch/D Chord/D Max, Camber/Chord Max. Thickness/D
0.2000 0.9921 0.1600 0.0174 0.0329
0.3000 0.9967 0.1818 0.0195 0.0282
0.4000 0.9987 0.2024 0.0192 0.0239
0.5000 0.9975 0.2196 0.0175 0.0198
0.6000 0.9944  0.2305 0.0158 0.0160
07000 0.9907 0.2311 0.0143 0.0125
0.8000 0.9850 0.2173 0.0133 0.0091
0.9000 09788  0.1806 0.0125 0.0060
0.9500 0.9740  0.1387 0.0115 0.0045
1.0000 0.9680 0.0010 0.0000 0.0000
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Fig. 6 Convergence of circumferential mean axial velocity V, in tunnel
with number of iterations, N4148 propeller, H = 3.333R, J = 0.8, nhoncavi-
tating flow

tunnel flow the value of 8¢/dn affects very little the flow in the
vicinity of the propeller. For simplicity, the following boundary
condition is applied on S .

a¢
*a—n =0 on Som

(10)
The effect of the tunnel length on the solution will be discussed
later in this paper.

Applying the boundary conditions, Eq. (7), Eq. (9), and Eq. (10)
to the integral equation Eq. (5) results in the distribution of only
dipoles on Sy.

L0412

L0812

L1212 ]

-

L1208

L1204

T
1l
")

L L 1 . . L . L . . " I L :

1
[}
X

Fig. 7 Five combinations of tunnel extents upstream and downstream
of the propeller; scaled with respect to propeller radius R
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Fig.8 Effect of tunnel extent on Krand V,, N4148 propelier, H = 3.333R,
J = 0.8, without cavitation
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Total
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G190404 384
G360707 1253
G571111 i 3113

L . M L 1
10 -8 0 X ] 10 15

Fig. 9 Three different tunnel discretizations; scaled with respect to
propeller radius R

9 /1
2w = JJ ¢ an <;)dS + 4Ty,
St

Constant strength dipole distributions are used over each panel and
the corresponding influence coefficients are computed by subdi-
viding each panel into a sufficient number of sub-panels which are
then approximated with discrete dipoles. Equation (11) is applied
at the centroids (control points) of each tunnel panel. Details on the
evaluation of influence coefficients are given in (Choi and Kinnas,
1998). The value of ¢, is evaluated as the superposition of the
effects of the propeller vortex- and source-lattice on the tunnel
control points (Greeley and Kerwin, 1990).

The inflow velocity to the propeller is the sum of the inflow
velocity U, and that due to the tunnel. The velocity induced by the
tunnel can be determined by taking the gradient of the perturbation
potential induced by the tunnel. The perturbation potential in the
flow field is given from the equation;

(1D

02 087
[ —— K |
i ——ah— Vx(mean)
o5 - = - = Joes
_ | =
[N R —Hoss §
| 1 hd
| ] >
; Y ]
0.05 |- o84
0 1 1 —L 1oes

G190404 G380707 G571111
Fig. 10 Effect of number of panels on Ky and V,, N4148 propeller,

H = 3.333R, J = 0.8, without cavitation
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Fig. 11 Comparison with Glauert’s momentum theory
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Fig. 12 Change of propeller inflow velocity field (evaluated at the pro-

peller plane); noncavitating flow, J = 0.80

dmp = Jf ¢ :7 G) dS + 47y,
St

The first term at the RHS of Eq. (12) corresponds to the pertur-
bation potential induced by the tunnel, while the second term is the
perturbation potential induced by the propeller. The inflow veloc-

ity to the propeller can thus be expressed as;

. 1 o [1
v=U,+ - qbV{E(;)}dS

Cavity Source Effect. The previous formulation, Eq. (11),
with the boundary conditions, Eq. (7), Eq. (9), and Eq. (10), is
valid only when the cavity volume is not changing with time. That
is, the formulation is applicable for non-cavitating unsteady pro-
peller flows and cavitating propeller flows with constant cavity
volume. If the cavity volume changes, the boundary conditions

Journal of Fluids Engineering
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should be modified to satisfy the continuity of the flow inside the
tunnel.

One way of handling the cavity volume change inside the tunnel
is depicted in Fig. 3. The cavity volume, Q(¢) is known from the
solution of the propeller solver. The boundary condition on S}, and
S o should be modified to allow this volume change. A uniform
velocity profile is applied on both sides of the tunnel.

% = - —dd—?— % on S, and S, (14)
where, A is the cross-sectional area of the tunnel. Half of the cavity
volume change, (dQ/dt)/2 is assumed to make an out flux through
S, and the other half through S, in Eq. (14).

Alternatively, the total cavity volume change dQ/dt can be
assumed to make an out flux only through S,,. In this case, the
boundary conditions are as follows.

ad dQo 1

n T dr A Soue (15)
)
% =0 onS, (16)

The numerical solution of the integral equation, Eq. (5) is found to
remain practically the same whether the boundary conditions, Eq.
(7) and Eq. (14) are used or the boundary conditions, Eq. (7), Eq.
(15), and Eq. (16) are used. This is primarily due to the relatively
small values of the velocities to set-off the change in the cavity
volume. The later set of boundary conditions has been chosen in
the calculations because of its simplicity.

Equations (11) and (13) must now be modified to include the
non-zero terms of d¢/dn at the tunnel lids. For example the
following general equation replaces Eq. (13).

_ 1 a (1 ad (l
V_U°+E {d)Vé—n(-r-)—EV 7)}(15 a7
Sr

It should be noted that if a calculation involving pressures on the
tunnel walls had to be performed the acoustic impedance of the
rigid tunnel, as well as the flexibility of the tunnel walls (the tunnel
Plexiglas windows in particular) would need to be considered, as
described by Kinnas et al. (1998).

Solution Method in Time Domain. The integral equation Eq.
(5) must be solved in the time domain. The numerical solution is
carried over a finite number of time steps, which is taken equal to
that used in the unsteady propeller problem (60 per revolution).
The time-marching solution scheme is depicted in Fig. 4.

The following iterative procedure is employed:

Step 1: Calculate ¢ ,.,(x, ¥, z, 8), the propeller influence at (x,
¥, z) on S¢ when the key blade is at the 8 position. This potential
bl X, ¥, 2, 0) is given by Eq. (4) and is calculated by PUF3FPP,
a post-processing code of HPUF-3AL which calculates the un-
bounded potential field induced by a cavitating propeller (Greeley
and Kerwin, 1990). The calculation is performed for 60/Z time-
steps (key blade angles).

Step 2: Solve the tunnel problem to obtain ¢(x, y, z, 0), the
perturbation potential at (x, y, z) on S when the key blade is at
the 6 position. The potential ¢(x, y, z, 0) is obtained by solving
Eq. (5). This calculation is performed for 60/Z time-steps.

Step 3: Calculate the inflow to the propeller, V (x = 0, r, 6 +
i2w/Z), as given by Eq. (17). U, corresponds to the unperturbed
inflow velocity at (r, 8 + i27/Z), i = 1, ..., Z, on the propeller
plane when the key blade is at 8 position, where Z is the number
of blades. This velocity is evaluated along the mid-chord line of
the blade (in the lifting line sense).

Steps 1-3 are repeated until convergence of the solution. Notice
that the flow field in the tunnel is periodic with frequency Zn
where # is the propeller RPS. Thus, the tunnel problem has to be

JUNE 1999, Vol. 121 / 301
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Fig. 13 Tunnel effects on the unsteady forces of a propeller; noncavi-
tating flow, J = 0.8

solved only for 60/Z time-steps per iteration. The coefficient
matrix that corresponds to the tunnel problem does not change
with time, and is LU decomposed only once, while the solution at
each time step is carried out via backward substitution. An advan-
tage of the present iterative method is that there was no need to
modify the existing propeller analysis code, HPUF-3AL.

Convergence of the Method

The convergence history with iteration number for the mean
thrust coefficient, K7, and the mean torque coefficient, K, is
shown in Fig. 5. The propeller geometry, the tunnel section di-
mensions, and the wake inflow for the CAPREX II experiment
performed at the MIT cavitation tunnel are used (Mishima et al.,
1995). The 3-bladed 12 inch diameter propeller model N4148
(designed by DTMB) is used, with characteristics given in Table 1.
The tunnel has a 20 inch square cross section. The paneling for the
tunnel is L1212 shown in Fig. 7. The paneled tunnel length is 24 R;
12 R upstream of the propeller and 12 R downstream of the pro-
peller, with R being the propeller radius.

Figure 6 shows the convergence history with iteration number
for the circumferential mean axial velocity in the propeller plane.
It is concluded from Figs. 5 and 6 that the iterative method
converges very fast. After applying the iterative process to several
cases, it has been found that generally three iterations are enough,
even for heavily loaded propellers.

In the formulation, it is assumed that the upstream and down-
stream boundaries are far enough from the propeller. Thus the
effect of the extent of the paneled tunnel on the solution is of great
importance. The predicted K, and V, are shown in Fig. 8 for the
various tunnel extents shown in Fig. 7.

The middle part, x from —4 to 4, for each of the cases shown in
Fig. 7 is modeled with the same paneling, so that only the tunnel
extent effect is observed. It may be concluded from Fig. 8 that; (a)
the upstream tunnel length is not important, and (b) the down-
stream extent of the tunnel should be longer than 8R. For this
propeller condition, the length of the ultimate wake is slightly
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Fig. 14 Tunnel effects on the unsteady forces of a propeller; cavitating
flow, J = 0.94, 0, = 1.9
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Fig. 15 Tunnel effect on cavity volume; J = 0.94, o, = 2.7

greater than 8R in HPUF-3AL. This suggests there could be a
relation between the length of the ultimate wake and the required
downstream tunnel extent. More detailed investigation on the
downstream tunnel length confirms that the downstream tunnel
length should be longer than the ultimate wake to get results which
are not affected by the modeled tunnel length (Choi and Kinnas,
1998).

The effect of number of panels on the solution for fixed tunnel
size is given in Fig. 10 for the grids shown in Fig. 9. A relatively
mild dependence on the number of panels is found. The grid
G360707 has been found as the most suitable for a large variety of
tried cases. The corresponding CPU time for this grid and for three
propeller-tunnel iterations is about 20 minutes on a DEC Alpha
600 5/266.

Numerical Results

All results in this section are obtained for propeller N4148 and
the conditions in CAPREX II already mentioned (Mishima et al.,
1995). The method is first applied in the case of uniform flow and
the results are compared to those of Glauert. Glauert modeled the
propeller with an actuator disk and assumed that the axial velocity
is uniform upstream of the tunnel, in propeller slip stream, and
outside of the slip stream. Then, by applying continuity, Ber-
noulli’s equation, and axial momentum conservation he obtained a
simple relation between the equivalent open flow speed and thrust
for various tunnel cross sectional areas (Glauert, 1947). He defined
A as the ratio of the actual mean velocity through the tunnel, V,
to that of an open flow, V., which would result the same
propeller thrust. He also gave the value of A as a function of the
thrust coefficient and the ratio of the propeller disk to the tunnel
cross-sectional area. This ratio can also be predicted by the present
numerical method by running the propeller in open flow and inside
of a tunnel.

Figure 11 shows the A versus 7 curves given from Glauert’s
theory and from applying the present method. Non-cavitating
conditions were used and the viscous flow effects were not in-
cluded in the propeller analysis method, in order to replicate the
assumptions in Glauert’s theory. Notice that the two curves are
very close to each other in the case of light propeller loading (small
7), and that they start deviating from each other as the loading
increases. The differences are attributed to the different propeller
models (actuator disk vs. lifting surface) used in the two methods,
as well as to the assumptions in Glauert’s theory that were men-
tioned previously. A more thorough comparison of the present
method to Glavert’s theory is given by Choi and Kinnas (1998).
The effect of having a square tunnel instead of a circular one on the
solution has been investigated for the conditions of CAPREX II
and found to be negligible. However, this effect should become
more significant for heavily loaded propellers and larger propeller
disk to tunnel sectional area ratios. It should be noted that the range
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Fig. 16 Comparison of cavity shapes, J = 0.9087, o, = 2.576, F, = 9.159

of 7in CAPREX Il is 0.01 = 7 =< 0.3, where the two curves are
in very good agreement.

Figure 12 shows the non-uniform inflow at the propeller
plane inside the tunnel at the zeroth iteration (open flow) and at
the third iteration after convergence of the solution has been
achieved. The values of the corresponding thrust and the torque
coefficients are also given in Fig. 12. The advance ratio is equal
to J, = 0.8 and the flow is noncavitating. The initial inflow at
the propeller plane is the effective wake, as predicted from the
nominal wake (measured in CAPREX) by using WKPROC
(Wilson and Van Houten, 1983), an extension of the method
described in (Huang and Groves, 1980). Only the axial compo-
nent of the measured inflow has been considered, knowing that
the other two components of the inflow velocity are negligible.
In open flow the mean thrust and torque of the propeller are K
= 0.1334 and K, = 0.02003, respectively. The converged
thrust and torque inside the tunnel are K, = 0.1456 and K, =
0.02174, respectively. This thrust corresponds to 7 = 0.3652,
while the converged mean axial velocity corresponds to A =
1.0565. The modified inflow, which includes the tunnel propel-
ler interaction, is shown at the bottom part of Fig. 12. Notice

Journal of Fluids Engineering

that for this propeller geometry and flow conditions the effect of
the tunnel on the inflow is an almost “uniform” reduction in the
values of the axial velocity. Also, in the same figure the
existence of a small radial outward flow is shown. This outflow
off-sets the contraction of the propeller flow so that the result-
ing flow is aligned with the tunnel walls.

The harmonics of the unsteady propeller forces in open and
tunnel flow are shown in Fig. 13. The effect of the tunnel on the
unsteady forces is negligible in this noncavitating flow case. This
is consistent with the velocity profiles shown in Fig. 12, The
harmonics of the forces are also shown in the case of cavitating
flow in Fig. 14. Notice now that the differences are larger.

The effect of the tunnel on the predicted cavity volume is shown
in Fig. 15. The cavity volume shown in the figure is that of a single
blade. The advance ratio J = 0.94 based on the tunnel inflow
velocity or J,, = 0.91 based on the equivalent (for mean thrust
identity) unbounded inflow velocity. The reason the cavity volume
has two “peaks” is that the propeller inflow wake has two slow
velocity regions, as seen in Fig. 12. The drastic increase in cavity
volume due to the effect of the tunnel is clearly shown. In Fig. 15,
cavity volume for J = 0.91 calculated under open flow condition
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Fig.17 Comparison of cavity shapes, J = 0.9087, ¢, = 2.907, F, = 9.159
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is also shown. The difference between the curves “Inside the
Tunnel” and “Open J = 0.91” is relatively small. However, this
difference shows that the tunnel interaction computed by the
current method is more than a simple adjustment of the mean axial
velocity.

The predicted cavity shapes for one of the cases in CAPREX are
shown in Fig. 16(a). The advance ratio J based on tunnel velocity
is 0.9087. The cavitation number based on RPS n is 0, = (P s
- p,10.5pn’D*) = 2.576, and the Froude number is F, =
(n*D/g) = 9.159. The corresponding photographs. of the blade at
three different angles are shown in Fig. 16(b). Dashed lines cor-
responding to painted curves and marks on the blade shown in the
photographs are drawn on top of the computed cavity shape plots
in order to facilitate the comparison. A similar comparison for a
different cavitation number (o, = 2.907) is shown in Fig. 17, The
drastic effect of the tunnel on the cavity shape is clearly shown in
Figs. 16 and 17. The increase of the cavity size in the tunnel is due
to the reduction of the inflow velocity at the propeller plane. Note
the good agreement of the predicted cavity shapes to those shown
in the photographs, except in a region very close to the blade tip
where the present cavity model is expected to break down.

Conclusions

In this paper, the problem of a cavitating propeller inside of a
tunnel is formulated via the perturbation potential method. An
iterative method that accounts for the fully unsteady tunnel—
propeller interaction problem is developed. One advantage of this
iterative method is that there is no need to modify the existing
cavitating propeller analysis code, HPUF-3AL (or its future up-
grades). The iterative process is found to converge very fast,
usually within three iterations even for a heavily loaded propeller.
The effect of the tunnel extent and the number of panels on the
predicted propeller forces and cavity shapes has been found to be
insignificant. The equivalent open water velocity is calculated and
then compared to that predicted from Glauert’s formula. The two
velocities are found to agree well in the case of light propeller
loading, but deviate from each other as the propeller loading
increases. The effect of the tunnel on unsteady forces has been
found to be negligible in the case of non-cavitating flows, but
appreciable in the case of cavitating flows. The effect of the tunnel
on the predicted cavity extent and volume has been found to be
drastic. Application of the numerical method has shown that a
uniform adjustment to the inflow is not sufficient in the case of
cavitating flows. Predicted cavity shapes have been found to be in
very good agreement to those observed in CAPREX 11, a cavitating
propeller experiment.
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The Cavermod Device:

¢t t Hydrodynamic Aspects
. wwcner | @Nd Erosion Tests

Research Dirsctor.

The Cavermod (CAVitation ERosion MODel) is an erosion test device first described by
Dominguez-Cortazar et al. (1992, 1997). Recently, it was modified in two steps: first by
increasing its maximum rotation rate (from 4500 to 8000 rpm) and second by shortening
its vapor core (from 156 to 66 mm). This paper plans to present the main results which
are obtained in both configurations (long and short vortex) and for “slow” or “rapid”
regime of rotation. They mainly concern 1. the hydrodynamic aspects of the vapor core
collapse, as deduced from observation of rapid films (evolution of the vortex length,
collapse velocity), 2. the erosion patterns produced on metallic targets such as pure
aluminium and copper. A second companion paper will present the results of force
measurements in both configuration and an attempt to estimate the local erosive pres-
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sures.

1 Introduction

The Cavermod is an apparatus which uses the axial collapse of
the vapor core of a liquid vortex in order to produce high forces
concentrated on small areas over a finite time so that significant
erosive effects on hard materials are obtained. It was first described
in Dominguez-Cortazar et al. (1992) and more recently in
Dominguez-Cortazar et al. (1997). The latter paper gives details on
the genesis of the idea of vapor vortex axial collapse and its
achievement in the Cavermod device. Let us recall only that the
vapor vortex is formed near the axis of a rotating chamber, initially
filled with deaerated water, by the small displacement a of a piston
which results in the increase of the chamber volume (see Fig. 1(a)
in which the parallel lines denote the vapor core). Then the rapid
motion of the piston, due to the shock of a mass moving under a
pressure difference AP, compels the vortex to collapse axially, at
a high velocity V. At the end of the collapse, the closure region hits
either a force transducer or a metallic target, which allows the
measurement of the force exerted on the wall or the observation of
the erosion patterns.

Recently, that device was modified in two steps (Filali, 1997).
First, its maximum rotation rate was increased from 4500 to 8000
rpm, which results in a smaller minimum initial radius for a stable
cylindrical vapor core (Rosenthal, 1962), and then in a possibly
higher collapse velocity. Second, the shape of the piston was
modified (see Fig. 1(b) in which the shaded area denotes the
modified piston), so that the initial vortex length became 66 mm
instead of 156 mm, which is the chamber length. The shortening of
the vortex aimed to limit the development of the free surface
unstabilities, which are believed to be at the origin of the dispersed
pattern of erosion pits, in the case of the long vortex (Dominguez-
Cortazar et al., 1997, Filali, 1997).

In this paper, we present the results of works which were
undertaken with both configurations (long and short vortices) and
for different values, middle and high, of the rotation rate. They
relate first to hydrodynamic aspects: vortex length evolution, col-
lapse velocities, size of the residual vapor core and second to
erosion effects: erosion patterns, pits number, eroded volumes,
correlation with material properties and comparison of Cavermod
with other classic erosion tests devices. In the second, companion
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paper (Filali et al., 1999), results of force measurements are given,
which were obtained from three different methods, and estimates
of the erosive pressures are attempted.

2 Main Parameters

Besides the piston radius R (R = 21 mm) and the initial length
L’ of the vapor core (I.” = L for the long vortex), the main control
parameters of the Cavermod are the rotation rate {1, the displace-
ment of the piston a and the driving pressure AP by which the
mass which produces the shock against the piston is moved. The
resulting parameters are the initial vapor core radius ry, which
depends on a and () through centrifugal forces, and the collapse
velocity V which depends on AP and r,. The effect of centrifugal
forces on the deformation of the lucite chamber wall can be
estimated from classical relations coming from Elasticity theory.
Table 1 gives the corrective coefficient which must be applied to
the geometrical value of ry (given by r, = RVa/L' from the
conservation of liquid volume) in order to estimate the effect of the
centrifugal forces.

Fig. 1 The two kinds of working, (8) Long vortex; (b) short vortex
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Table 1

€} (rpm)

r, (mm) 4000 6000 8000
0.5 1.41 1.80 2.25
1.0 112 1.25 1.42
1.5 1.05 1.12 1.20
2.0 1.03 1.07 1.48

The effect of centrifugal forces is important for high rotation
rates and small radii. At high Q-values, it may happen that the
vapor core appears as a consequence of centrifugal forces only. In
such a case, it would be possible to reduce the initial radius until
its limiting stable value is attained by giving a negative value to the
parameter a, However, such a possibility was not used in the
present study. In the following, the size of the vortex is indicated
by either a or the geometrical value of ry.

3 Hydrodynamic Aspects

In the case of the long vortex, sixteen rapid films (at a frame rate
close to 40,000 im/s) were taken to observe the evolution of the
vapor vortex core. At each “shot” of the Cavermod, several col-
lapses and rebounds are observed over a total duration of about 50
ms. In general, the first collapse takes less than one millisecond as
shown on Fig. 2, which gives the evolution of the vortex length
during its first collapse for three values of the initial radius. The
evolution versus time is approximately linear, however, significant
variations in the slope can be observed. It must be noted that such
evolutions are fairly repeatable. Figure 3 shows an example of
three first collapses and rebounds. Of course, the first collapse is
the fastest one, and from the measurement of forces, it appears that
erosion takes place at the end of the first collapse. Figure 4 shows
the dependency of the mean velocity of the first collapse on the
driving pressure AP, for low and high rotation rates and two values
of the initial radius. In the case ) = 7,000 rpm, the real value of
the radius is of the order one millimeter, as given by Table 1,
which explains that the difference between the results of both
experimental cases is not too important. In the range of the
experimental values, the dependency can be considered roughly
linear. Attention has to be drawn to the high values of the collapse
velocities which can exceed 1000 m/s. In fact, instantaneous
velocities can reach 1200 m/s. The dependency V(AP), for AP
smaller than one bar, is not known. From an elementary mechan-
ical model, which does not take friction forces into account, and
assumes an inelastic shock between the moving mass and the
piston, the piston velocity should vary as (AP)"*. Then V could
vary also according to the same approximate law for the small
values of AP.

In the case of the short vortex, the collapse is not so easily
observed and only small values of AP were tested. Figure 5 shows
an example of first collapse for AP = 1 bar and ¢ = 0.1 mm,
which corresponds to ry = 0.82 mm. In this case, the collapse is
preceded by a noticeable time of acceleration: this is probably due
to the larger value of the piston mass. It results in a significant
difference between the mean (V,,) and the maximum (V,,,,) values
of the collapse velocity. As expected, the perturbations of the free
surface are less developed in the case of the short vortex and the
two-phase torus which appears at the end of the first collapse

160
E 140 19 = 0.5 mm
E 120 rp= 1.7 mm
%ﬂ = 2.4 mm
y 100 Q =7000 rpm
E 80 AP = 2.0 bars
60
Ao
40 ho!
0,
Qo
20 o
0 B
0 200 400 600 800
Time (1is)

Fig. 2 Evolution of the vortex length (first collapse) (Uncertainties: +1
percent on time, =3 mm on length)

(Filali, 1997, Dominguez-Cortazar et al.,, 1997) is reduced with
respect to the case of the long vortex.

In Dominguez-Cortazar et al. (1997) the role of Coriolis forces,
by which the total axial moment of momentum-of the liquid body
is kept constant, was discussed. They prevent the total closure of
the vapor vortex core and favor the existence of a thin vapor
residue, visible on Fig. 8, downstream the pressure wave. In order
to model this phenomenon (Filali, 1997), calculations were under-
taken on the base of the rotating flow model developed in the
Batchelor’s textbook, except that here a pressure condition is
imposed on the vortex core, upstream and downstream the tran-
sient overpressure which reduces the core size. In Fig. 6 the
variations of the residual vortex radius ry versus the rotation rate
are displayed for different conditions of working of the Cavermod.
In Fig. 7 the tangential velocity V, profile near the vapor residue
is shown: it is linear except near the residue itself where a r™' law
is obtained. The r;-values are rather small, of the order ten mi-
crometers. This is mainly due to the small value of the similarity
parameter {r,/U (the inverse of the Rossby number) in the present
experiment: for example, for {} = 7000 rpm = 733 rd/s, the larger
value of this parameter for the three cases under consideration in
Fig. 6 is lower than 0.001. Despite this small value, Coriolis forces
prevent the formation of a reentrant jet which otherwise would
appear in the region of vortex core closure. We can mention
another example of the efficiency of Coriolis forces: instead of the
cylindrical vapor core, with Cavermod it is possible to form a
chain of small bubbles, with diameter equal to about one millime-
ter, on the rotation axis: under the transient overpressure those
bubbles don’t disappear but remain visible and can be observed on
rapid films (Filali, 1997). This finding should be considered as a
guide for any modeling of the bubble behavior in a rotating liguid
medium.

Finally, Fig. 8 shows a photograph of the two-phase torus for the
case of the long vortex: it was taken under a short flash lighting, at
a time close to the end of the first collapse. On the original some
rough structures are visible inside the torus, which can be put in

Nomenclature
a = piston displacement (mm) R = piston radius (inm) r; = residual vortex radius (mm)
AP = driving pressure (bar) V = axial collapse velocity (m/s)) V, = tangential velocity (m/s)
L = chamber length (mm) Q) = rotation rate (rpm)
L’ = vortex core length (mm) ro = initial vortex radius (mm)
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Fig. 6 Residual vortex radius vs the rotation rate (calculation results)

relation with the dispersed patterns of erosion pits on metallic
targets (see hereafter).

4 Erosion Tests

Figure 9 shows two photographs of the erosion patterns obtained
from one Cavermod shot on pure aluminium samples in the cases
of long and short vortices for the same driving pressure AP = 2
bars, It is visible that the short vortex gives a concentrated erosion
figure, contrarily to the long vortex. In order to quantify this
aspect, we consider the real values of the radius r, by taking the
effect of centrifugal forces into account. We obtain 1.2 mm and 1.3
mm approximately for the long and short vortex, respectively,
while the maximum values of the corresponding erosion pattern
sizes are 3 mm and 1.4 mm. Thus the size of the erosion pattern
given by the short vortex on a soft material such as pure aluminium
is rather smaller than the diameter of the initial vapour core, while
it is larger in the case of long vortex. This reinforces the link
between the hydrodynamic aspects—perturbations of the free sur-
face, final two-phase torus—and the erosion damage on solid
materials,

The eroded areas are also described using a microscope with a
Mirau interferometric objective (Belahadji et al., 1991). In general,
such an apparatus allows only the observation of a limited window,

35 1
@ ] U=1000m/s
£ 30 ry=0.53 e3m
Q=733rd/s
20
15
10
5 .
0 ‘ R : , . .
0 0.005 0.01 0.015 0.02 0.025 0.03
x =2Qr/U a

Fig. 7 Profile of the circumferential velocity near the vapor residue
(calculation resuits)
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Fig. 8 The two-phase flow torus at the end of the collapse. Case of the
long vortex (diameter of the two-phase torus on the left: about 5 mm).

the size of which is smaller than the present erosion patterns.
Figure 10 shows the whole patterns corresponding to Fig. 9, as
reconstructed from photographs of elementary windows. In such a
representation, two neighboring black fringes correspond to dif-
ferences in altitude of A/2, where A is the mercury light wave-
length, i.e., A2 = 0.273 pm. The dispersed pattern given by the
long vortex is apparent in that view also. Concerning the short
vortex, the photograph shows a global depression, the diameter of
which is about 1.4 mm and the depth cannot be easily estimated,
as the number of fringes is high. In addition, a complicated pattern
of secondary craters is seen inside the global depression. A three-
dimensional image of the same erosion figure, obtained from a

Fig. 10(a) Long vortex

Fig. 10(b) Short vortex

Fig. 10 Reconstruction of the eroded areas by interferometric method

laser profilometer, is given in Fig. 11: it allows us to have a more
realistic idea of the erosion pattern and to emit some assumptions
on the probable mechanisms leading to its formation. The isolated
craters seem to be due to the collapses of individual bubbles
existing in the two-phase medium at the end of the first collapse,
which possibly influence their vicinity by emitting shock waves, as
described by Tomita and Shima (1986) and Alloncle et al. (1992).
This should be true also for the dispersed patterns given by the
long vortex. Regarding the global depression of Fig. 9(b), it is
difficult to assign it a precise origin: may be the global effect of the
vortex closure region which hits the solid wall, or may be the result
of the individual bubble collapses. As the region of craters is far
enough from the frontier of the global depression in Fig. 10(b), the
first hypothesis might be preferred. Anyway, subsequent experi-

Fig. 9(a) Case of long vortex: diameter 3 mm

Fig. 9(b) Case of short vortex: diameter 1.4 mm

Fig. 9 Erosion patterns on aluminium samples Fig. 11 Profile of the eroded area by laser profilometer
308 / Vol. 121, JUNE 1999 Transactions of the ASME
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ments with hard materials and short vortex have shown that the
global depression does not appear necessarily and that erosion
figures can be limited to isolated craters in a restricted area.

By means of the interferometric microscope, it is possible to
measure the pits number and the pits size— depth and diameter—if
the erosion pits are isolated, which is the case for the erosion
patterns given by the long vortex. Figures 12 to 14 give results on
the erosion pattern produced by one shot of the Cavermod, under
a driving pressure of two bars, on a pure aluminium sample. Here
statistics are possible as the number of pits, i.e., 329, is high.
Correlation between pits depth and diameter is given in Fig. 12: in
general, the ratio is between .2 and 3 percent. The histogram of pits
number given in Fig. 13 displays the overwhelming number of
small pits, with diameter lower than 20 wm, but from the view-
point of damage, the histogram of eroded volumes (volumes are
estimated from the cone approximation) of Fig. 14 shows that only
larger pits, although rare, are significant. In Fig. 15, the total
eroded volumes of aluminium and copper, corresponding to one
shot of the Cavermod, are shown as functions of the total impact
force exerted on the sample (see the companion paper for the force
measurement): it appears that the dependency is roughly linear.

Figure 16 shows correlations between material properties of the
erosion samples—Brinnel hardness and breaking resistance—with

80
§ AP =20 bars
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260 rg =0.53 mm
é Pits number = 329
]
A40
20
o RPEOITII 77778 2 277
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SRIZIZFIITIRTIRTATERRES
Pit diameter (pm)

Fig. 13 Histogram of pits number (aluminium)
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Fig. 14 Histogram of eroded volume (aluminium)

the eroded volumes and the number of pits produced on four
materials: pure aluminium (329 pits), copper (300), brass (150)
and stainless steel 316 L (74) under the same working conditions
of Cavermod: a = 0.1 mm, {} = 8,000 rpm, AP = 2 bars). While
the increase of pits number when the material properties decrease
is regular enough (Fig. 16(b)), a large difference on volumes is
seen between aluminium and copper in Fig. 16(a): this is mainly
due to the difference in the number of big pits produced on both
materials. As those experiments were not repeated, it is difficult to
know if such a behavior is essential or is in relation with some
variations of the Cavermod in the production of large erosive
structures at the end of the first collapse.

Finally, Fig. 17(a) and 17(b) compare correlations (pits depth)/
(pits diameter) for aluminium and copper, as given either by
Cavermod or by usual erosive test devices such as the vibratory
A.S.T.M. G32 device or the venturi device developed at the Fukui
University (Japan). It appears that the ratios depth/diameter are
roughly the same, with a possible larger value in the case of
aluminium. However, the major information is relative to the size
of the largest pits produced by the Cavermod, which can be twice
the size found in usual test devices. Such a comparison is corrob-
orated by the comparison concerning the forces produced in those
different devices: for example (Filali, 1997), for ) = 4,500 rpm,
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Fig. 15 Eroded volumes vs the impact load (Uncertainties: =5 percent
on the load, +15 percent on the volume)
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r, = 1.2 mm, AP = 4 bars, the force is larger than 150 N, i.e., five
times larger than the force obtained in the venturi device with a
water velocity equal to 30 m/s.

5 Conclusion

The Cavermod device was recently modified by the increase
of its rotation rate and the shortening of its vapor core. In the
present paper, the main results concerning hydrodynamics as-
pects and erosion figures, as obtained with long and short
vortices, are compared. They relate first to the vortex length
evolution, the collapse velocities (which can reach and even
exceed 1000 m/s in the case of the long vortex) and the size of
the two-phase region which takes place at the end of the first
collapse. In particular, it appears that the reduction of the vortex
length results in a least development of the free surface pertur-
bations of the vortex core, and then in a smaller two-phase
region. As to erosion results, contrarily to the long vortex which
gives dispersed patterns of erosion pits, the small vortex allows
us to get concentrated erosion patterns, at least on soft materials
such as pure aluminium. In this case, the size of the erosion
pattern, about 1.4 mm, is smaller than the diameter of the
vapour core, and a unique depression can be seen, with second-
ary craters inside it, deeper than the main depression. Other
results are relative to the number and size of pits produced by
the long vortex. As a result, the comparison with other erosion
devices displays the capacity of Cavermod to produce larger
damage figures.
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Fig. 16 Correlation of eroded volume (a) and pits number (b) with
material properties (Uncertainties 5 percent on ordinates, =15 percent
on volume)
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Fig. 17 Correlations pits diameter/pits depth in cavermod (case of long
vortex), and other erosion devices

In the companion paper, results concerning force measure-
ments are presented. From the results given here concerning the
size of the indentations obtained with the short vortex, it ap-
pears that new developments of Cavermod can be envisaged: as
that size exceeds the smaller diameter of available pressure
transducers (about one millimeter), the direct measurement of
the mean value of the erosive pressure, not only of the global
forces, becomes possible.

Uncertainties

The geometrical parameters R, L, L', a, and the rotation rate
) are known within uncertainties lower than 0.5 percent, which
can be considered as negligible. The driving pressure AP is
known at about 2 percent. For the vortex evolution given by
rapid films (Figs. 2, 3, and 5) the time is known thanks to an
oscillator which controls a lamp at a rate of 1000 Hz. Thus the
precision on time is better than 1 percent. The major uncertain-
ties is in the estimate of the vortex core length, as the vortex
closure region may be poorly determined, particularly at the end
of the collapse: the error on the length is =3 mm. It gives a
relative uncertainty on the mean collapse velocities of 5 percent
calculated with the total length (Fig. 4), and a larger value (at
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least 10 percent) for the instantaneous velocities. For the size of
erosion pits, the depth is known within A/4 (about .130 pm),
which makes a better precision for deeper pits. If the pit is not
exactly circular, the pit diameter is estimated as the mean value
of the greatest and the smallest value of the diameters. The ends
of the diameter are taken at the exterior of the external fringe
and the uncertainty on the diameters is of the order the width of
fringe, which makes a poor relative precision for small pits
(about 20 percent).
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The Cavermod Device: Force
Measurements

The Cavermod device, as described in the companion paper (Filali et al., 1999), allows
us to produce the axial collapse of a cavitating vortex at high velocities. From a global

point of view, we can consider that it produces a high momentum in the axial direction.
Large forces, concentrated on a small area and able to produce erosion pits on hard
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materials, result from the sudden momentum stopping against a solid wall. In this paper,
the results of the forces measurements are given. Four different measurements devices are
used to analyze the Cavermod performance in both cases of long and short vortex:
dislocations in MgO (Magnesium Oxide) single crystal, two special piezoelectric ceramic
transducers and a PVDF film transducer. Special attention is given to the PVDF film

response which is found twice the response of other devices. In addition, an attempt is
made to interpret the temporal force signal given by a ceramic transducer in terms of
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1 Introduction

It is well known that the analysis of erosion damage caused by
cavitation is a complicated task as it addresses diverse fields of
applied sciences, such as fluid and solid mechanics, metallurgy or
material science etc. Outside of the fact it is difficult (if not impossi-
ble) for the researchers to gain a deep ability in such different fields of
knowledge, it appears that a technical difficulty brings an additional
challenge to progress in the knowledge of cavitation erosion: at the
present time, it is not possible to know the exact value of the pressure
arising from the erosive fluid events at the fluid/solid interface. This is
mainly due to the size of the available pressure transducers which
usually exceeds the very small size of the pressure peaks by one or
several orders of magnitude, the ratio between those sizes remaining
anyway unknown. That difficulty is a hard and frustrating point since
pressure justly is the physical parameter common to the fluid and solid
domains and it controls the response of the solid material. In such a
situation, the best that can be done is to limit prospects to the
measurements of forces under repeatable conditions and seize any
favorable circumstance to proceed to the estimate of the erosive
pressure.

The Cavermod device, such as described in the paper by
Dominguez-Cortazar et al. (1997) and the first companion paper
(Filali et al., 1999), is well suited to force measurements. From a
global point of view, the axial collapse of the cavitating vortex can
be considered as a high impulse in the axial direction. Large
forces, concentrated on a small area and able to produce erosion
pits on hard materials, result from the sudden stopping of the liquid
momentum against the solid wall. Thus, the conditions of forces
occurrence are fairly well controlled and repeatable, and the im-
pact location is known in advance: those expected features make
forces measurements desirable, and from ‘the beginning some
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local erosive pressure.
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attempts were made to characterize the impact force by a com-
mercially available transducer (Dominguez-Cortazar et al., 1997).
However, such transducers don’t resist a long time to the agression
of collapses, and other ways have to be taken to get valuable
information on forces.

The first way was to use PVDF (Polyvinylidene fluorure) films in
order to make by hand force transducers directly in contact with the
erosive events and to calibrate them dynamically (Nguyen et al,
1994; Soyama et al., 1999). The other methods were brought to the
LEGI Labotatory by Professors Hattori and Fujikawa, on the occasion
of stages as invited professors: firstly the measurement of dislocation
etch-pit patterns produced on Magnesium Oxide single crystal (Hat-
tori et al., 1988; Okada et al., 1994) and second two kinds of pressure
transducers, both of them being built on the same principle (Jones and
Edwards, 1960) but different in their practical achievement. Subse-
quently, they will be called ceramic transducers 1 and 2, respectively.
The results of the four methods are given in the present paper, for the
long and short vortices configurations (see the companion paper): a
general result is the approximately linear dependence of the forces on
the driving pressure AP of Cavermod. Another peculiar result de-
serves a special attention: it is found that the PVDF film, although
calibrated by the same method (dropping ball) as ceramic transducers
1 and 2, gives a response approximately twice when it is submitted to
the Cavermod shot.

In the conclusion of the companion paper, it was suggested that, as
the size of the erosion pits produced by the short vortex on a pure
aluminium sample is larger than one millimeter, hopefully we can
anticipate that at least the mean pressure over the area of such a pit
will be measured in the near future. Here, taking advantage of the
ceramic transducers features, we proceed to another attempt toward
the erosive pressures. It leads us to values in the range of 0.45 to 3
GPa, which seem to be relevant to the erosion phenomena.

2 The Measurement and Calibration Methods

2.1 Dislocation Patterns in MgO Single Crystal. This
measurement technique, first used in the field of Iubrication (Du-
frane and Glaeser, 1976; Hattori et al., 1988), was then adapted to
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Rockwell indent in hardness test

Fig. 1

cavitation erosion by Brooks et al. (1992) and Okada et al. (1994).
Under an external, large enough stress, dislocations appear at the
surface {100} of the MgO crystal. Normal stresses produce screw
dislocations in the four planes similar to {110} and {101} which
are at 45 degrees with respect to the surface plane and intersect it
along directions {001} and {010}. At the opposite, tangential
stresses produce edge dislocations in the two planes such as {011}
which are perpendicular to the surface and intersect it along
directions at 45 degrees with the directions {011} and {011}. The
details of the methods are given by Okada et al. (1994). Figure |
shows the indent due to a static Rockwell hardness test aimed to
the calibration of the MgO crystals. Figure 2 gives the result of the
calibration, from which it results that the length of screw disloca-
tions (the uncertainty of which is +5 percent) approximately

varies as F''/>, where F is the total force. In Fig. 1, it appears that -

both systems of dislocations are present, and indeed the Rockwell
test produces normal and tangential stresses on the surface of the
crystals. On the contrary, under the shock of Cavermod (Fig. 3,
with the following condition of run: £} = 7,000 rpm, a = 0.1 mm,
AP = 3.0 bar), almost all dislocations are of the screw type, and
then the stresses applied to the liquid solid interface are mainly
normal to it.

2.2 PVDF Film Transducer. The use of PVDF films for the
measurement of cavitation impacts is described with some details
in Soyama et al. (1998). By comparison to the work of those
authors, the present tests were made by using films with thickness
40 pm (instead of 110 wm), the natural frequency of which is of
the order 25 MHz (instead of 10 MHz), and the transducer was
stuck on the metallic target between two polyamide tapes, one to
ensure electrical insulation, the other to protect it against the
erosive agression of the vortex collapse. Then the transducer
thickness is of the order 0.2 mm. Several transducers were built,
whose sensing area diameters spread from one to eight millimeters.
Their dynamical calibration uses the dropping ball method, for
which the time of contact, lower than 25 us, is measured by means
of a digital oscilloscope. Figure 4 shows the result of the calibra-
tion for a PVDF transducer with diameter 5 mm. The least square
line does not come exactly through the origin (which does not
seem too grave, as the measured forces on Cavermod are rather
large) and its slope entails a high sensitivity s = dV/dF = 0.073
VIN. Differences between the dropping ball calibration and the
working of PVDF films transducers under Cavermod shocks have
to be noted: first, the maximum force measured on the Cavermod
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Fig. 2 Calibration of the MgO crystal

device (see Fig. 10) is larger by one order of magnitude approxi-
mately. Second, although the total shock duration, as given by
piezo-ceramics transducers, is approximately the same (see Fig.
13), the individual peaks are shorter (about 5 us). On the whole, it
will appear that the results of the PVDF film measurements, if
correctly interpreted, fairly agree with the results of other methods,
which gives some confidence in that method.

2.3 Piezo-Ceramics Transducers. Figure 5 shows the main
elements of the ceramic transducer 1. The impact force is mea-
sured by a ceramic disk, with thickness 0.25 mm and natural
frequency 8 MHz, sandwiched between two metallic rods (copper
or other metal). One of them has its free end mounted flush the
wall and receives the impact force due to cavitation events. The
force wave is transmitted to the ceramic disk and then to the
second metallic rod. The length of the second rod is adjusted so
that the reflected wave can be distinguished from the incident wave
in the signal output given by the ceramic disk. Several diameters
of rods are used to analyze the force exerted by the Cavermod.

In ordinary erosion devices, such transducers allow the mea-
surements of forces together with the loss of mass. When using
them on the Cavermod device, we can measure the force given by
one shot only and observe the corresponding erosion pits. For most
of the present tests, the interest was in the dependency of the forces
on the control parameters, mainly the driving pressure AP. How-
ever, an attempt to estimate the local pressure by considering the
erosion pits area was also made, as described hereafter (Section 4).

The ceramic transducer 2 (thickness of the ceramisc disk 0.09
mm, natural frequency around 29 MHz) is basically similar to the
first one except that some details are aimed to improve its re-
sponse: the first rod is mechanically isolated from the surrounding
by a soft material and it is made of titanium in order to improve the
transmission of the force wave to the ceramic disk. Also, the
conical shape of the second rod end tends to weaken the reflected
wave.

Both kinds of transducers were calibrated by the dropping ball
method, the duration of the impact being in the range 10 to 20 us.
It was found that the calibration coefficient was close enough to
the value given by the manufacturer, which gives some confidence

Nomenclature
a = piston displacement (mm) F = impact force (N) ro = initial vortex radius (mm)
AP = driving pressure (bar) R = piston radius (mm) & = transducer diameter (mm)
L = chamber length (mm) V = axial collapse velocity (m/s)
L’ = vortex core length (mm) ) = rotation rate (rpm)
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